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Abstract 
Abstract 
The European Union has an ongoing commitment to reducing CO2 emission as highlighted 
by its agreement at the Kyoto Summit. One approach to achieving these reductions would 
be to develop alternative energy sources for major energy demanding sectors. In the EU, 
about 40% of all energy consumed is associated with buildings and of this, about 60% is 
utilised in the housing sector. A major part of the energy demand of buildings could be 
met by utilising renewable energy sources, e. g., solar energy. 
Existing large-scale plants for power generation prevent efficient utilisation of the waste hot 
water produced. This means that to meet electricity demand, vast quantities of fossil fuels are 
burnt releasing unwanted pollutants (e. g., CO2 and NOR) into the atmosphere. Over the last 
decade, small-scale CHP plants have been introduced for many applications with proven 
environmental and economic benefits. In addition, solar energy has been used to generate 
electricity and provide hot water in conjunction with the CHP plants. 
Investigation of a hybrid heat pipe solar collector/CHP system was carried out in this 
research. The system is powered by solar and gas energy as well as the boiler waste heat to 
provide electricity and heating for residential buildings. Compared to the relevant system 
configurations, this system has the following innovative features: 
" The solar collector was integrated with exhaust flue gas channels that allowed both 
solar energy and waste heat from exhaust gas to be utilised. 
" Heat pipes as high efficiency heat transfer devices were incorporated in the collector 
panel. Both miniature and normal heat pipes were investigated, and this resulted in two 
types of collectors, e. g., thin membrane heat pipe solar collector, and hybrid heat pipe 
solar collector, to be produced for this application. 
"A compact, lightweight turbine was applied in this system. 
" Novel refrigerants, including n-pentane and hydrofluoroethers (HFEs), were employed 
as the working fluids for the CHP system. 
Use of the system would save primary energy of approximately 3,150kWh per year 
compared to the conventional electricity and heating supply systems, and this would result 
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in reduction of CO2 emission of up to 1.5 tonnes. The running cost of the proposed system 
would also be lower. 
The research initially investigated the thermal performance of several heat pipes, including 
micro/miniature heat pipes, normal circular and rectangular heat pipes, with/without wicks. 
An analytical model was developed to evaluate the heat transport capacity for these heat 
pipes. A miniature heat pipe with parallelepiped channel geometry was proposed. The 
variation of heat transport capacity for either micro/miniature or normal heat pipes with 
operation temperature, liquid fill level, inclination and channel geometry were investigated. 
Investigation of the operating characteristics of the selected heat pipes, e. g., two miniature 
and one mini heat pipes, and two normal heat pipes, was then carried out using both the 
numerical technique and experimental testing. It was found that the results from tests were 
in good agreement with the numerical predictions when the test conditions were close to 
the simulation assumptions. 
The research work further involved the design, modelling, construction and tests of two 
innovative heat pipe solar collectors, namely, the thin membrane heat pipe solar collector 
and the hybrid heat pipe solar collector. A computer model was developed to analyse the 
heat transfer in the collectors. Two collector efficiencies, 11 and ill, were defined to 
evaluate their thermal performance, which were all indicated as the function of a general 
parameter (t, wan-te)/I,,. Effects of the top cover, manifold as well as flue gas temperature and 
flow rate (for hybrid collector only) on collector efficiencies were investigated using the 
computer model developed. Laboratory tests were carried out to validate the modelling 
predictions and experimentally examine the thermal performance of the collectors. 
Comparison was made between the modelling and testing results, and the reasons for error 
formation were analysed. 
The research then considered the issues of the micro impulse-reaction turbine, which was 
another part of the integrated system. The structure configuration, coupling pattern with the 
generator as well as internal geometry contour of the turbine were described. The velocity, 
pressure and turbulent kinetic energy of the flow in the turbine were determined using 
numerical CFD prediction. In addition, experimental tests were carried out using a 
prototype system. The results of CFD simulation and testing show good agreement. This 
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indicates that CFD can be used as a tool of optimizing turbine geometry and determining 
operating conditions. 
The research finally focused on the integrated system which brought the heat pipe solar 
collector, boiler and micro turbine together. The individual components, configurations and 
layout of the system were illustrated. Theoretical analysis was carried out to investigate 
thermodynamic cycle and heat transfer contained in the combined system, which is based 
on the assumption that the system operated on a typical Rankine cycle powered by both 
solar and gas energy. Tests for the prototype system was carried out to realistically evaluate 
its performance. Two types of turbine units were examined; one is an impulse-reaction 
turbine, and the other is a turbo-alternator. The turbo-alternator was found to be too small 
in capacity for this system thereby affecting its output significantly. The micro impulse- 
reaction turbine was considered a better option. A typical testing showed that the majority 
of heat required for the turbine operation came from the boiler (7.65kW), and very little 
(0.23kW) from the solar collector. The gas consumption was 8.5kW. This operation 
resulted in an electricity output and domestic hot water generation, which were 1.34kW and 
3.66kW respectively. The electrical efficiency was 16% and the thermal efficiency was 
43%, resulting in an overall efficiency of 59%. 
Increasing the number of the collectors used would result in reduced heat output from the 
boiler. This would help in improving system performance and increasing efficiencies. In 
this application, number of collectors used would be 4 as the flue gas flow rate would only 
be sufficient to provide 4 to 5 such collectors for heat recovery. 
The research resulted in the proposal of another system configuration. The innovative 
concept is illustrated in Chapter 8, and its key technical issues are discussed. 
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Introduction 
Chapter 1. Introduction 
1.1 Background 
The European Union has an ongoing commitment to reducing CO2 emission as 
highlighted by its agreement at the Kyoto Summit. One approach to achieving these 
reductions would be to develop alternative energy sources for major energy demanding 
sectors. In the EU, about 40% of all energy consumed is associated with buildings and of 
this, of which about 60% is utilised in the housing sector. A major part of the energy 
demand of buildings could be met by utilising renewable energy sources, e. g., solar 
energy. The annual mean global solar irradiation reaching a south facing surface of a 
house located at the centre of the EU latitude range is typically approximately 2.0 
kWh/(m2. day). This energy could be exploited for heating and power generation. 
Existing large-scale plants for power generation are usually located far away from centres 
of population; this prevents efficient utilisation of the waste hot water produced. Moreover, 
current technology limits these power stations to a maximum efficiency of about 40% and 
after transportation of electricity via the national grid, there is only about 35% of the 
original energy remaining at the point of use. This means that to meet current electricity 
demand, vast quantities of fossil fuels are burnt releasing unwanted pollutants (e. g., CO2 
and NOR) into the atmosphere. 
Over the last decade, small-scale CHP plants (below 100kWe) have been introduced for 
many applications with proven environmental and economic benefits (Evans R. D., 1990; 
Smith, 1994). The success of this market has been mainly due to inexpensive gas and 
deregulation of the electricity industry. The trend for smaller CHP installation could lead 
to a potentially large market for domestic CHP (D-CHP). Currently the smallest 
commercially available unit is 38kWe. In the U. S., 5kWe diesel-fuelled D-CHP units are 
available from Intelligent, but these are unsuitable for the U. K. individual domestic 
application as their electrical output is too high. No unit has been developed for the U. K. 
domestic application, which would require an electrical rating in the region of 1-2kWe. A 
previous analysis (Jennekens M., 1989) has shown that even with low-energy housing 
and poor plant utilisation, a 15% reduction in domestic CO2 emissions can be easily 
achieved by using a small-scale CHP system. 
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Use of renewable solar energy in conjunction with conventional energy sources to meet 
electricity, heating requirements of buildings would reduce pollutant emissions and offer 
savings in running cost to users. As reserves of fossil fuels diminish, there will be 
increasing pressure to use renewable energy sources, and it is in the immediate interest to 
identify and develop technologies which can harness these sources to reduce dependence 
on fossil fuel combustion. Solar energy has been used to generate electricity and several 
studies (McNelis B., 1992; Naylor A. I., 1982; Underwood C. P., 1995) have investigated 
use of power from photovoltaic cladding on buildings for heating, ventilation and air 
conditioning (HVAC) plants. Unfortunately, photovoltaic technology has low efficiency 
and high capital cost and, as solar energy is intermittent, some means must be incorporated 
to store surplus electricity and release it again when it is needed. 
Solar energy could also be used to generate electricity using a Rankine cycle in which a 
turbine or an engine is employed to convert thermal energy into mechanical energy. 
Sawyer S. L. (1991) described the Enreco organic Rankine cycle engine which was 
developed as part of solar pond technology to generate electricity from brine at 80°C. Other 
studies concerning the application of solar energy and Rankine cycles for power generation 
were described in a review paper by Spencer L. C. (1989). 
The aim of this research is to develop a novel hybrid solar/gas CHP system to provide 
electricity and heating for buildings. This system is powered by a solar collector, and 
supplemented by a natural gas boiler for periods when solar radiation is low. Use of the 
hybrid solar/gas system would result in significantly reduced CO2 emissions to the 
environment. The hybrid solar/gas system could employ "ozone-friendly" refrigerants such 
as water, methanol, n-pentane or hydrofluoroethers (HFEs) and the anticipated cost of 
production is low since inexpensive construction materials (e. g. copper or aluminium) 
could be used. The building, energy, chemical and manufacturing industries would benefit 
from the outcome of this research. 
The research is novel in the following ways: 
i) The solar collector was integrated with exhaust gas flue channels to provide an 
efficient and robust heat supply system. 
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ii) Isothermal heat pipe panels, composed of either `miniature' or `normal' heat pipes, 
were used to achieve a high efficiency solar collector. 
iii) A compact and lightweight micro-turbine was used for power generation. 
iv) New refrigerants, such as n-pentane or hydrofluoroethers (HFEs), were examined as 
the working fluids for the novel CHP system. 
1.2 Description of the research 
The CHP system utilised novel and integrated design concept for optimising system 
performance, size, reliability and costs. It was based on the integration of a heat pipe 
solar collector, boiler and micro-turbine in one unit. The solar collector could be made in 
the form of a flat plate heat pipe. This consisted of a sealed unit internally covered with a 
heat pipe panel, composed of either miniature or normal heat pipes (wicked or wickless), 
and contained a refrigerant. A boiler was mounted to supply additional heat when solar 
radiation is low or unavailable. The exhaust gas from the boiler was directed through the 
channels which were fitted beneath the heat pipe panel to enhance heat transfer. The solar 
collectors and the boiler in combination provided hot water at 110°C to 120°C, and the 
hot water used to heat a secondary fluid, either n-pentane or HFE7 100, using a generator, 
a super-heater and a separator, as shown in Figure 1-1. Both n-pentane and HFE7 100 are 
refrigerants which have low boiling points, i. e., 35°C and 60°C respectively, and can be 
converted to a pressured, superheated vapour when heated in the super-heater and the 
generator. The vapour was used to drive the turbine to generate electricity, causing its 
pressure and temperature to fall, and would exit the turbine as a superheated vapour, or 
mixture of vapour and liquid. The low pressure vapour (or mixture) would be used to 
produce domestic hot water by passing it through the heat exchangers to allow heat 
exchange between the refrigerant and chill water. 
Two types of solar collectors have been investigated for integration with the proposed 
system. These are the thin membrane heat pipe solar collector and hybrid heat pipe 
collector. 
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Figure 1-1. Schematic diagram of the hybrid solar collector/CHP system 
The thin membrane heat pipe collector mainly comprised of an evacuated housing and an 
absorber located inside, a reservoir at the bottom end of the collector and a condenser panel 
on the top end of the collector. There were 2 additional absorbers (narrow strip panel) 
attached on the main absorber body where solar irradiation was concentrated with the lens 
on the outer cover, hence called `super heat pipes'. A micro-pore insulation material, 
attained with an aluminium/foam plastic tray, was fitted beneath the absorber panel to 
reduce downward heat loss. A clear acrylic cover was fitted on the top of the evacuated 
housing, building up an enclosed space where a vacuum was to be maintained to eliminate 
convection/conduction heat loss. The main body of the collector comprised two plates 
separated by a thin evaporation gap. The plates were `spot' welded together creating mini- 
channels (ribs) that were parallel along the width of the absorber. Each mini-channel was 
considered to be a single micro (or called `miniature') heat pipe. The micro heat pipes 
connected the evaporator section to the condensation section of the collector enabling the 
flow of refrigerant vapour and condensed liquid refrigerant. The structure of the collectors 
is shown schematically in Figures 1-2. 
Hybrid heat pipe collector mainly comprised of a heat pipe panel, an insulated bottom 
chamber and a top cover. The panel included 20 heat pipes that are either wicked or 
wickless structure. The casings were constructed from aluminum frames, comprising an 
insulated bottom chamber and a top cover. The top cover was an insulated, high 
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performance double-glazing, or a thermo-clear polycarbonate sheet. The bottom chamber 
of the enclosure contained a number of channels, which allowed exhaust gas from a 
boiler to pass through to improve collector efficiency, as well as provide a back up (or 
compensation) when solar irradiation is unavailable (or low). Fibre-glass insulation was 
fitted beneath and around the channels to reduce the heat loss through the chamber. The 
structure of the solar collector is shown schematically in Figures 1-3a, 1-3b and 1-3c. 
r 
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Figure 1-2. Schematic diagram of the `normal'thin membrane heat pipe solar collector 
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The combined system will utilise a renewable energy source, i. e., solar energy, to provide 
combined heat and power for buildings. The energy efficiency of the CHP system will 
therefore be high and its development would allow consumption of fossil fuels for heating 
and power for buildings to be reduced. This in turn would lead to a reduction of CO2 
emissions. Integration of renewable energy system in small-scale CHP systems would 
contribute to the long-term sustainability of the heating, power and construction industries. 
1.3 Work involved with the research 
The research includes following 5 technical sections: 
Section 1: Review of research of heat pipes, heat pipe solar collector and micro solar 
CHP technologies; 
Section 2: Analysis of heat pipe thermal performance, and investigation of the operating 
characteristics of heat pipes by numerical/experimental methods; 
Section 3: Theoretical and experimental investigation of the performance of heat pipe 
solar collectors; 
Section 4: Theoretical and experimental investigation of flow and heat transfer in the 
micro turbine unit; 
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Section 5: Theoretical and experimental investigation of the performance of the 
combined hybrid heat pipe solar collector/CHP system. 
The work of section 1 is indicated in Chapter 2, which involved a review of research in 
the relevant technical areas, including heat pipe technology and heat pipe thermal 
performance analysis, numerical methods of heat pipe heat transfer, heat pipe solar 
collectors, micro turbines as well as solar CHP technology. Technical progress in these 
areas was examined, and the innovative aspects of this research were identified compared 
to the current technical status. 
The work of section 2 is detailed in Chapters 3 and 4. Miniature and normal heat pipes 
were defined and their thermal performance was analysed through computer modelling. 
The computer model considered the limits of heat transport capacity as the performance 
evaluation index. The mathematical theory and numerical method used for simulating 
operating characteristics for several heat pipes, including micro (miniature) and normal 
heat pipes, were introduced. Based on the theory and method, a numerical computer 
modelling was developed to simulate the flow and heat transfer in any of the heat pipes 
described above. Results obtained were discussed. To validate the numerical prediction, 
experiment was carried out to measure heat transfer and temperature variation for a long 
`wicked' and a short `wickless' heat pipe. Comparison between testing results and 
numerical predictions indicates that the numerical model is able to predict heat transfer 
occurring in the heat pipes at a reasonable accuracy. 
The work of section 3 is detailed in Chapter 5. Two types of heat pipe solar collectors 
used for this application were designed, and the geometry and sizes of the heat pipes 
contained in the collectors were determined by using the analytical and numerical models 
above. A computer model used for analysing heat transfer in the collectors was 
developed, which could give collector efficiency, and temperature variation over the 
absorber and condenser areas, by solving a few coupled heat transfer equations. Two 
prototype solar collectors were constructed, and the rigs were built to test the 
performance of these collectors. Test results were compared to the modelling predictions 
enabling validation/modification of the computer model. 
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The work of section 4 is indicated in Chapter 6. Two micro turbines used for this 
application were introduced. These are the micro impulse-reaction turbine and turbo- 
alternator, which could generate electricity by operating with the selected working fluids, 
including water, n-pentane, HFEs and R141b. CFD numerical prediction was carried out 
by assuming a number of inlet and outlet conditions and using the FLUENT code. The 
simulation results allowed the percentage of un-blocked flow area to be determined for 
different working fluids and different inlet/outlet conditions, and the optimum working 
fluid and operation conditions to be found. To validate the CFD prediction as well as 
demonstrate the thermal and power performance of the turbine, experiment was carried 
out by using n-pentane as the working fluid and keeping inlet pressure at 5.14 bar(a) and 
outlet pressure at 1.15 bar(a). Experimental results were found to be in good agreement 
with the numerical predictions. 
The work of section 5 is indicated in Chapter 7. A prototype hybrid heat pipe solar 
collector/CHP system was constructed. Theoretical investigation of the thermal and power 
performance of the prototype was carried out to evaluate electrical, heat and overall 
efficiency of the system. Testing of the prototype was then carried out. The results obtained 
are used to assess real performance of the combined system. These were also compared to 
theoretical predictions to validate/modify the analytical model. Saving on fossil fuel 
consumption and reduction of CO2 emission were analysed compared to the traditional 
method of heat and power supply. 
A number of conclusions derived from the research were arisen in Chapter 8. The merits of 
the proposed system were highlighted, and the problems encountered with the research 
were illustrated. Opportunities for further study on this topic were also discussed. 
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Chapter 2. Review of Research of Heat Pipes, Heat Pipe Solar Collectors and 
Micro CHP Technologies 
2.1 Heat Pipes and Heat Pipe Thermal Performance Analysis 
Heat pipes are simple heat transfer devices, having high, effective thermal conductivity and 
capable of transporting large amount of heat over considerable distances. Because of the 
simplicity of design and ease of manufacture and maintenance, these devices have found 
applications in a wide variety of areas, including energy conversion systems, cooling of 
nuclear reactors and electronic equipment as well as space apparatus, particularly the solar 
energy system involved in this analysis (Abhat A., 1982; Riffat S. B. et al, 2000; Riffat S. B., 
2000). 
Heat pipes make use of the evaporation of a suitable working fluid, transport of the latent 
heat of vaporization, condensation of the vapour and back flow of the condensate to the area 
where evaporation takes place (Dunn and Reay, 1982). The means of transporting the 
condensate from the condensation zone to the evaporation zone is the major distinction 
between the different designs of heat pipes. Different forces can be utilized, e. g., capillary 
(surface tension) forces, gravitation, acceleration (centrifugal) forces, thermally induced 
pressure differences or some combination of these. 
Heat pipes can be designed and constructed with various cross-sectional areas and 
geometries as small as 0.6 mm x 0.6 mm and 25 mm in length (micro heat pipes), or 2mm in 
diameter and lm in length (mini heat pipes) (Riffat et al, 2002), and as large as 100m in 
length (Takaoka M. et al, 1985). All heat pipes have an evaporator and condenser section 
where the working fluid evaporates and condenses respectively. Many heat pipes also have a 
transport or adiabatic section, which separates the evaporator and condenser sections by an 
appropriate distance intended to satisfy the heat pipe limitations and the design constraints of 
the application. A given heat pipe may have multiple evaporators, condensers and adiabatic 
sections. A working fluid usually circulates due to the influence of capillary forces in a wick. 
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However, gravitational, centrifugal, electrostatic, and osmotic forces can also be used to 
return the liquid from the condenser to the evaporator. 
Various types of heat pipes can be made to suit for different applications. Seven typical heat 
pipe configurations, namely, gravity-assisted wickless heat pipe (two-phase closed 
thermosyphon), capillary-driven heat pipe, annular heat pipe, flat-plate heat pipe, rotating 
heat pipe, leading edge heat pipe, gas-loaded heat pipe, capillary pumped loop heat pipe and 
mono groove heat pipe, are shown in Figs. 2-1 to 2-8 (Faghri A., 1995). Heat pipe containers 
are generally circular cylinders for simplicity of design and manufacturing. However, other 
shapes such as rectangular (flat plate heat pipes), parallelepiped, micro/miniature, conical 
(rotating heat pipes), and nose-cap (leading edge heat pipes) geometries have also been 
investigated for special applications. 
Heat 
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Figure 2-1 Gravity assisted wickless heat pipe 
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`Miniature' or `micro' heat pipes are two types of heat pipes particularly used for small space 
heat transfer, such as heat transfer in micro-electronic equipment and aerospace apparatus. A 
'micro' heat pipe is defined as a heat pipe that is so small that the mean curvature of the 
vapour-liquid interfaces is necessarily comparable in magnitude to the reciprocal of the 
hydraulic radius of the total flow channel (Cotter, 1984). In practical terms, a `micro' heat 
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pipe is a `wick-less', non-circular channel with an equivalent diameter of 0.1 to 1 mm. The 
cross section geometry of a `micro' heat pipe is usually a concave trapezoid with tapered 
triangular channels in each of the four corners (Babin B. R., Peterson G P. and Wu D., 1989), 
as shown in Figure 2-9. Capillary action plays a major role in the operation of a `micro' heat 
pipe. A `miniature' heat pipe is similar to a `micro' heat pipe in most aspects, but has a 
relatively larger equivalent diameter, which is in the range 1 to 3mm. 
--. 
gEe 
Figure 2-9. A typical micro heat pipe Figure 2-10. A special `miniature' heat pipe 
A special `miniature' heat pipe was used as the basic component of a thin membrane heat 
pipe solar collector. The heat pipe differs from traditional `miniature' pipes in that it has a 
parallelepiped channel geometry with two sharp corners in opposite, as shown in Figure 2-10. 
The sharp corners are slim enough to hold liquid block and produce a capillary force, and the 
capillary force plays an important role on returning liquid. In addition, since the heat pipe 
was arrayed with a certain inclination in relative to horizon. gravitational force also played a 
role on returning the liquid as well. 
For any heat pipe, the maximum heat transport capacity is governed by five limits, namely, 
sonic limit, the entrainment limit, the boiling limit, the viscous limit and the capillary limits. 
These limits could be calculated by using the techniques presented in Dunn and Reay (1982) 
and Babin et al (1990), and the critical limit would be the minimum value calcuated. For a 
gravity heat pipe, filled liquid mass also influences its heat transfer to a certain extent, 
representing an additional limit which could be calculated by the method presented by 
Zhuang J. et al (1989). 
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The formulas for limits of heat transport capacity are normally applied to normal heat pipes 
with circular cross-section. For `micro' or `miniature' heat pipes, some new problems may 
arise and hence a special consideration would be required. One of these is the larger viscosity 
and entrainment effect between the vapour and liquid phases, which would cause higher flow 
resistance and poorer heat transfer. To cope with the situations of both micro/miniature and 
normal heat pipes, it is increasingly desirable to develop an extensive analytical model, 
which takes a few factors, including the influence of heat pipe geometry on flow, as well as 
capillary effect caused by the sharp corners of the micro/miniature heat pipes, into account. 
2.2 Numerical Methods of Heat Pipe Heat Transfer 
Over the past 30 years, extensive studies have been conducted in order to provide a thorough 
understanding of the heat pipe operation and appropriate design schemes for practical 
applications. As a result, numerous methods, covering a variety of aspects of heat pipe 
operations, have been developed (Faghri, A., 1995). 
Previous experimental studies, concentrating on a variety of heat pipe aspects, have provided 
useful insights into heat pipe operations, set references for validation of theoretical models, 
and provided databases for design purposes. Moreover, many theoretical analyses have 
incorporated empirical or semi-empirical correlation to simplify the models and the solution 
process. 
Most previous theoretical studies developed numerical methods to solve governing 
equations of the heat pipe operation. These numerical models ranged from lumped analysis 
to quasi-one-dimensional vapour flow to conjugated three-dimensional vapour flow and heat 
pipe wall heat conduction. A review of numerical models and solution methods for various 
heat pipe operations including steady state, continuum transient and frozen start-up has been 
carried out by Faghri (1995). Generally, previous theoretical models consisted of a set of 
highly nonlinear partial differential equations. To obtain solutions to these equations, 
numerical techniques such as finite-difference and finite-element methods have to be 
-16- 
Review of Research of Heat Pipes, Heat Pipe Solar Collector and Micro CHP Technologies 
incorporated, and significant programming efforts and computational time are required 
(Colwell and Modlin, 1992). 
Bowman and Hitchcock (1988) and Issacci et al. (1991) developed two-dimensional 
transient models of vapour flow in heat pipes and showed that a one-dimensional treatment is 
inadequate since it could not predict accurately the radial heat and mass transfers or the 
pressure drop. Such vapour flow models provided valuable information on vapour flow 
dynamics. 
Ivanovsky et at (1982) and Tilton et at (1986) suggested that during steady state or slow 
transients, heat pipe operation could be adequately described by using heat balance principle 
in various heat pipe regions. Following this observation, Chang and Colwell (1985), Tilton et 
at (1986), Faghri and Chen (1989) and Cao and Faghri (1990) solved the two-dimensional 
heat conduction equations for the wall and liquid-wick region, which were thermally coupled 
to either a one- or two-dimensional vapour flow model. Faghri and Chen (1989) used their 
steady-state model to evaluate the effects of axial conduction, vapour compressibility and 
viscous dissipation on the operation of water and sodium heat pipes. Cao and Faghri (1990) 
also modeled the start-up of heat pipes from the frozen state. Different start-up periods were 
considered, including free molecular and continuum vapour flow conditions. Continuum 
flow was modeled using the two-dimensional compressible Navier-Stokes equations, while 
the rarefied flow was simulated using turbulent diffusion model. 
Tilton et al (1986), Cao and Faghri (1990) and other investigators mentioned above 
neglected both the liquid flow and the hydrodynamic coupling of the liquid and vapour phase 
by assuming the wick to be a pure conducting medium with an effective thermal conductivity. 
Later, Faghri and Buchko (1991) included the effect of liquid flow in the wick by treating this 
region as a saturated and isotropic porous medium, but computed the pressure profiles along 
the heat pipe independently. Such decoupling of the liquid and vapour momentum equations 
can result in an error when calculating the liquid flow rates and vapour pressure. 
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Ransom and Chow (1987), Doster and Hall (1989) and Seo and El-Genk (1989) incorporated 
liquid flow and thermal compressibility, hydro-dynamically coupled the liquid and vapour 
phases, and predicted the vapour volume distribution in the wick. They used the capillary 
relationship of Pascal to relate the phase pressures, and the radius of curvature of the liquid 
meniscus at the liquid-vapour (L-V) interface was geometrically related to vapour volume 
fraction in the wick. Such information is needed for predicting the capillary and dry-out 
limits during transient operation of the heat pipe. 
Although Ransom and Chow (1987), Doster and Hall (1989) and Seo and El-Genk (1989) 
have incorporated the effects of liquid flow and thermal compressibility, their models, except 
that of Doster and Hall, lacked the capability of predicting the liquid pooling at the end of the 
condenser. Such pooling occurred due to the thermal expansions of the liquid phase during 
startup transients of heat pipe charged with excess liquid (Merrigan M. A. et al, 1986). The 
pooling model of Doster and Hall dealed with local variation of the liquid fraction in the 
wick region to differences in evaporation/condensation rates and thermal expansion of the 
liquid. However, it did not determine when and where a `net point' appears in the heat pipe 
nor its propagation with time toward the end of the condenser as the heat pipe continued to 
heat up (a `net point' was where the liquid-vapour interface became flat and the vapour and 
the liquid pressures are equal). Similarly, the pool model of Doster and Hall did not handle 
the accumulation and receding of the liquid pool with time during the heat-up and cool-down 
transients of the heat pipe, respectively. 
The model of Ransom and Chow (1987), Doster and Hall (1989) and Seo and El-Genk (1989) 
also treated the vapour flow using either a one-dimensional, transient approximation or a 
quasi-steady state approach, which may not be justified during rapid start-up or shut-down 
transients of heat pipes. At start-up, when a heat pipe was operating at low vapour density 
and high vapour velocity, large radial temperature gradients may develop in the wall, 
liquid-wick and vapour regions, and hence a two-dimensional treatment of the vapour flow 
- 
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was required (Deverall J. E. et al, 1970). 
Heat Pipe Transient Analysis Model was developed, and the model predictions were 
compared with the experimental data of Huang et at (1993) for a horizontal water heat pipe. 
An analysis was performed to determine the transient behavior and axial distributions of 
liquid and vapour pressure, the radius of curvature of liquid meniscus at the liquid-vapour 
interface, and liquid pooling and recession following step function heat-up and cool-down 
transients of the water heat pipe. 
The complicated mathematical expressions and numerical schemes in those studies above 
are useful in accurate analysis, but sometimes may `mask' the real physics from a designer's 
point of view. For most practical applications, it is usually not desirable or necessary to get 
into such details. Therefore, a simple and practicable model for the heat pipe analysis would 
be more attractive. 
2.3 Heat Pipe Solar Collectors 
Solar collectors transform solar radiant energy into heat energy. There are several types of 
solar collector available for practical application, including evacuated tubes, flat plate solar 
collectors and parabolic dish collectors. 
Heat pipes are devices of high thermal conductance, which transfer thermal energy by 
two-phase circulation of fluid, and can easily be integrated into most types of solar collector. 
The basic difference in thermal performance between a heat-pipe solar collector and a 
conventional one lies in the heat-transfer processes from the absorber tube wall to the 
energy-transporting fluid flow. For a heat pipe collector, the process is 
evaporation-condensation-convection, while for conventional solar collectors, heat transfer 
occurs only in the absorber plate. Thus, solar collectors with heat pipes have a lower thermal 
mass, resulting in a reduction of start-up time. 
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A feature that made heat pipes an attractive for solar collectors is their ability to operate like 
a thermal-diode, i. e., the flow of the heat is in one direction only. This minimizes heat loss 
from the transporting fluid, e. g., water, when incident radiation is low. Furthermore, when 
the maximum design temperature of the collector is reached, additional heat transfer can be 
prevented. This would prevent over-heating of the circulating fluid, a common problem 
encountered in many applications of solar collectors (Bienert and Wolf, 1976; DeVriers et al, 
1980). 
Integration of heat pipes also provides the advantage of high heat transfer in the latent form. 
Heat pipes are self-contained devices and can be for collection and transfer of energy in solar 
collectors. Collectors used for heating of liquids may incorporate the evaporator section of 
the heat pipe, under pressure in the flat plate of the solar collector, and the condenser section 
would be inserted in the storage tank containing the liquid to be heated. The system therefore 
needs no piping or fittings between the storage tank and the collector, and this reduces both 
the cost and the heat loss of the system. If the working fluid of the heat pipes was chosen to 
have a low freezing point, the collector may offer freeze protection (Ismail and Abogderah, 
1998). 
One of the first studies of heat pipes in solar applications was carried out by B ienert and Wolf 
(1976). In this case, the evaporator end of a heat pipe was inserted in a flat-plate collector, 
and the condenser protruded into a water manifold attached to the upper end of the collector. 
Their results were neither conclusive nor optimistic. Since then numerous studies have been 
carried out, and these could be placed into an rerview according to the time order. Franken 
(1979) presented an analysis and calculation of the thermal resistance of heat pipe solar 
collector. Ortabasi and Fehlner (1979) analysed the performance of a concentrated vacuum 
tube solar collector which used a heat-pipe for the heat transfer to the circuit of the heating 
fluid, which circulated between the collector and the tank. DeVries and Kamminga (1980) 
gave a comparison for fluid circulation control between a heat pipe planar collector and a 
conventional one. Ernst (1981) conducted a theoretical and experimental investigation of a 
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cost-effective solar collector using heat pipes with evacuated tubes. Bairamov and Toiliev 
(1981) described the operation of a solar system using a thermosyphon heat-pipe and 
analysed its performance in relation to a typical thermosyphon system. Emphasis was given 
to the absence of a reverse flow and to the elimination of problem associated with the 
circulation of heat transfer fluid (corrosions, stability of heat transfer fluid, freeze protection, 
etc). Ribot and McConnell (1983) performed a testing and analysis of a typical evacuated 
heat pipe solar collector, which gave a testing efficiency of 50% above. Lu and Guo (1984) 
investigated fundamental thermal performance of solar collectors, especially for the heat 
pipe themselves. Ramsey (1986) found that the collector efficiencies would be on the order 
of 50% or more if the heat pipe panel was coated with a high performance coating material 
and equipped with single-axis tracking parabolic trough concentrators. Terpstra et al (1987) 
described a system with a heat-pipe in which there was no wick and the flow of the 
condensed liquid was accomplished by gravity. At the collector outlet, vapour was brought 
together with liquid and they were condensed in an auxiliary heat exchanger in the upper part 
of the system. Zanardi (1989) studied a heat pipe parabolic solar collector and obtained 
efficiency of about 50 percent. Ismail and Abogderah (1991,1992a, 1992b) published some 
partial results related to heat pipe solar collectors. El-nasr (1993) investigated the thermal 
performance of a wickless heat pipe solar collector on the basis of heat-transfer analysis 
using R-11, acetone, or water as working fluid at different charging pressures. The effects of 
angle of inclination and the effect of liquid fill on performance of the wickless heat pipe solar 
collector were also investigated in this study. Bong et al. (1993) investigated the performance 
of an array of flat-plate heat pipe collectors. The array had been in operation for several years, 
to serve a solar-powered air-conditioning system. Balzar et al. (1996) presented results from 
the tests performed in a solar cooker, which operated through the use of vacuum tubes with 
an incorporated heat-pipe. Ismail and Abogderah (1998) presented a comparative analysis 
between theoretical results and experimental figures in a pumped system, in which a 
heat-pipe was used for the heat transfer from the collecting surface to the tank-collector 
circuit. Theoretical calculations were carried out for both the collector and the heat pipe, 
which were slightly tilted as the condenser was fitted on the upper part. Chun et al (1999) 
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developed a solar domestic hot water system using heat pipes. Some other major design 
parameters examined in the study included: types of heat pipe (presence of a wick), coating 
materials for the evaporator section and the shape of storage unit for maximum thermal 
stratification. Hussein et al. (1999) examined the transient thermal behaviour of a wickless 
heat-pipe flat plate collector with regard to solar radiation and various geometrical 
characteristics of the collector. Riffat et al (2000) carried out the performance testing of a few 
different types of liquid flat plate collectors. Mathioulakis et al (2002) investigated the 
performance of a new solar hot water system with an integrated heat pipe. 
Most previous work focused on the investigation of the thermal performance of various types 
of heat-pipe solar collector, including evacuated tube, flat plate and parabolic, by using 
analytical, numerical or experimental methods. Of existing collector designs, evacuated tube 
and flat plate collectors are most widely used and the former is usually found to be most 
efficient for high temperature operations. Flat plate heat pipe solar collectors, on the other 
hand, have their own set of advantages including simpler structure, lower cost, easier 
manufacture and simple operation. 
The lower efficiency of flat plate collectors is mainly due to the heat loss via the cover 
surface due to convection and conduction. Standard flat plate collectors have efficiencies of 
typically less than 50% (Riffat et al, 2000), while evacuated devices have efficiencies of 
about 50-80% (Ribot and McConnell, 1983; Ramsey, 1986; Zanardi, 1989). It would be 
desirable to develop a new structure for flat plate collectors that would overcome heat loss 
problems and allow a high efficiency to be achieved. 
In the research, two novel structures of flat-plate collectors were designed. One is the thin 
membrane heat pipe solar collector, and the other is hybrid solar heat pipe collector. They 
were all designed to generate high temperature water, used to drive a micro turbine to 
produce electricity and hot water for residential use (Riffat et al, 2000; Riffat, 2000). To find 
a suitable structure and configuration layout, the miniature and normal heat pipes, as the 
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basic elements of the collectors, were investigated using analytical, numerical and 
experimental methods, which are described in Chapters 3 and 4. An analytical model for 
efficiency calculation and energy balance of flat plate solar collectors was developed, which 
was used to simulate the thermal performance of these two collectors. Laboratory tests were 
made as well to test the thermal performance of the collectors. Theoretical and experimental 
results were compared to validate/modify the prediction of the analytical model and examine 
the real performance of the collectors under operation. 
2.4 Micro Steam Turbines 
A steam turbine is defined as a form of heat engine in which the energy of the steam is 
transformed into kinetic energy by means of expansion through nozzles, and the kinetic 
energy of the resulting jet is in turn converted into force doing work on rings of blading 
mounted on a rotating part. 
The usual turbine consists of four fundamental parts (Church Edwin F. et al, 1982): the rotor 
which carries the blades or buckets; the stator consisting of cylinder and casing, which are 
often combined and within which the rotor turns; the nozzles or flow passages for the steam, 
which are generally fixed to the inside of the cylinder; and the frame or base for supporting 
both the stator and the rotor, the latter being carried in bearings. Cylinder, casing, and frame 
are often combined, particularly in small turbines. Accessories necessary for the successful 
continuous commercial operation are a controlling or governing system for adjusting energy 
supply to the turbine to suit the load to be carried and for maintaining constant speed, a 
lubricating system, piping for steam supply and exhaust, and a condensing system. 
Steam turbines may be classified in different ways. With respect to form of steam passage 
between the blades, the turbines may be categorized into three different styles, namely, 
impulse, reaction/parsons and combination impulse and reaction. An impulse turbine is 
defined as a system in which all steam expansion takes place in fixed nozzles and none 
occurs in passage among moving blades. A simple-impulse turbine is shown schematically in 
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Figure 2-11. A reaction or Parsons turbine is one in which the steam decreases in pressure 
and expands while it is passing through the moving blades as well as in its passage through 
the fixed nozzles, as illustrated in Figure 2-12. A combined impulse-reaction turbine is 
shown in Figure 2-13, where a velocity-stage impulse wheel precedes the reaction stages. 
This is the usual combination in all central-station turbines except certain machines which 
handle very large quantities of steam, where the two-row wheel may be omitted. 
Micro turbines offer a number of potential advantages compared to normal turbines for 
small-scale power generation (Pilavachi P. A., 2002). For example, compact size and 
low-weight per unit power leading to reduced civil engineering costs, a small number of 
moving parts, lower noise, multi-fuel capabilities as well as opportunities for low emissions 
(in the CHP context). 
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Figure 2.11. A simple Figure 2-12. A reaction (Parsons) Figure 2.13. Combination of impulse and 
impulse turbine turbine reaction turbine 
Most micro turbines are driven by natural gas. However, some other fuels, such as diesel, 
landfill gas, industrial off-gases and ethanol, are also available for operation of the turbines. 
This type of turbine is called micro gas turbine. 
Currently the smallest commercially available turbine is 38kWe, which is driven by natural 
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gas. In the U. S., 5kWe diesel-fueled turbines are available from intelligent (FEW P. C. et al, 
1997). There is no report for commercial application for a micro steam turbine less than 
50kWe output. However, a specially designed impulse-reaction steam turbine with 1.5-3kWe 
outputs has been developed and used in a prototype CHP system (Oliveira A. C. et al, 2002). 
2.5 Solar CHP technology 
Combined heat and power (CHP) systems use energy more efficiently than that generated 
and delivered to the national grid by conventional methods. Conventional power stations 
generate electricity and reject the heat as a waste. This wastage together with losses in the 
transmission of electricity results in poor overall efficiency and high electricity costs. 
CHP schemes are a more efficient means of generation as they can produce electricity for 
local use and thus minimise the distribution losses. They also allow the heat output from the 
generation plant to be used for space or process heating. In applications where there is a 
combined heating and electricity requirement a very efficient means of energy usage is 
produced compared to the conventional method of providing heating and electricity. This is 
detailed in Figure 2-14a & 2-14b, which shows the primary energy consumed by a 
conventional scheme compared with a CHP scheme to satisfy the same heating and electrical 
demand. From this it may be seen that the conventional system shown uses 60% more 
primary energy than the CHP scheme (Prosser and Maidment, 1998). 
It has brought about growing interests in research and development of CHP technologies 
over the past decades. These covered a variety of aspects, including strategies of CHP 
technology development, theoretical simulation of the system performance, determination of 
the sizes and economic analysis, as well as likely applications in markets. A review of 
previous studies focusing on specific subjects of CHP technology is given below: 
Pilavachi P. A. (2002) overviewed the power generation with gas turbine and combined heat 
and power (CHP) system. It also presented the European Union strategy for developing gas 
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turbines and CHP systems. Methods to improve the performance of the several types of gas 
turbine cycle would be a major objective in the coming years. The targets would be 
combined cycle efficiencies above 60%, industrial gas turbine system efficiencies of at least 
50% and small gas turbine efficiencies above 35% and designs for the use of fuels with less 
than 25% heating value of that of natural gas. The main CHP targets would be the reduction 
of the overall costs and the development of biomass-fired systems of above 40kW. 
Electricity 
35 units / 
Losses 
Fuel input lectricity 72 units 
107 units generation 
Fuel inpL 
100 units 
Fuel input Boiler 
Losses 
53 units 8 units 
Heat output 45 
units 
Figure 2.14a. Conventional heat and 
power application 
Electricity 
Losses 
20 units 
Figure 2-14b. Combined heat and 
power application 
Olivier Le Corre et al (2002) proposed a unified comparison method for the calculations of 
thermodynamic efficiencies applied to combined heat and power (CHP) plants. Two new 
dimensionless indices, namely, heat structure index and electric power structure index, were 
introduced, and they were used to estimate the influence of technical and economical 
features on the profitability of a CHP plant. A case of a CHP installation using internal 
combustion engine was treated as a practical application. 
Alfred Ongiro Alfred et al (1996) developed a steam power plant thermodynamic model 
using ASPEN Plus shell. The model was validated using field data from two units, one with a 
capacity of 105Mwe and the other 150Mwe. The model was then modified and used to 
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evaluate the thermodynamic feasibility of servicing a small (less than 20MWt) thermal load 
in addition to generating electricity. 
Blakemore F. B. et al (1995) discussed a novel decision-making approach (option appraisal) 
of the CHP system. This incorporated the items, such as costs and benefits, that may not have 
direct monetary value. The existence of economics of scale for CHP units was considered 
over the full range of outputs encountered in commercial and industrial situations. Capital 
costs per kWe of output were minimized at about 1Mwe. Maintenance costs may also form a 
minimum depending upon the maintenance package agreed. In the application studied by the 
authors, the optimum choice using option appraisal was found to be the best solution for four 
of the six desiderata considered, but was not the largest CHP unit nor the lowest capital cost 
per output option. 
Maidment and Tozer (2002) reported the application of CHP scheme in supermarkets. In 
these commercial building, the seasonal demand for heat resulted in limited utilisation of the 
CHP equipment, and subsequently, limited primary energy savings achieved. To increase the 
utilisation time, it was proposed that heat generated by the CHP unit could be used to power 
an absorption refrigeration system providing cooling for refrigerated cabinets. The 
application of an integrated CHP/absorption scheme or combined cooling, heat and power 
(CCHP) in the supermarket was investigated. 
Small-scale CHP systems have become increasing popular over recent years. This is mainly 
due to inexpensive gas and deregulation of electricity industry. Smith et al (1995) reported 
the technical, economic and environmental performance of a 40kWe CHP plant, located 
within Queens Building at De Montfort University. Conventional analysis gave the overall 
efficiency as 77% with a 7.1 year payback period. By examining the thermal and casual gains, 
a novel alternative analysis gave an effective plant efficiency of 104%. Environmental 
analysis shows that the CHP-generated energy produced half the carbon dioxide emissions of 
separately imported electricity and heat from a boiler plant. The scheduling of plant 
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utilisation had an effect on thermal efficiency due to thermal capacity. 
FEW P. C. et al (1997) introduced an innovative domestic co-generation system, which was 
based on the integration of a CHP with heat pump cycle. Preliminary analysis had shown the 
potential of a domestic scale hybrid CHP/HP plant in term of energy utilization, economic 
viability and emission reduction. The incorporation of the heat pump would give a CHP/HP 
plant very high effective efficiency, hence significantly reducing carbon dioxide emission 
and fuel costs. By allowing surplus electrical generation to be used by the heat pump, the 
engine could still run efficiently while satisfying very low domestic electrical requirements. 
The incorporated heat pump gave a high degree of flexibility in meeting domestic energy 
requirements, including cooling applications, as the heat to power ratio of a CHP/HP plant 
could be varied over a wide range. This system would be installed into a property for field 
evaluation as the work of the next stage. 
Small-scale CHP systems have been further developed to work in conjunction with a 
renewable energy, such as solar energy. This would result in significant reduction in pollutant 
emissions and saving of running cost. The system may also be combined with an 
absorption/adsorption or ejector cycle to produce cooling while providing heat and power. A 
number of studies in relation to this technical topic are indicated as follows: 
A new flat plate solar hybrid system with heating and cooling was developed by Li M. et at 
(2002). This system used a normal flat plate water heat collector absorber, which was 
immersed into the adsorbent bed. Experiment results showed a very effective heat and mass 
transfer achieved within both adsorption and absorption process. The COP of the system was 
0.11 and the heat efficiency was about 0.45. This achievement illustrated a good way of 
utilisation of solar energy. 
Xu Feng et al (2000) proposed a combined power/cooling system which used 
ammonia-water mixture as the working fluid. The system was a combination of Rankine and 
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absorption refrigeration cycle, and hence able to produce power and cooling simultaneously. 
Initial simulation results showed that the cycle could achieve high thermal efficiencies for 
heat source temperature around 400K, which could be obtained easily from geothermal 
sources, flat plate and low concentration solar collector, waste heat from other cycles, to 
name a few. Using flat plate or low concentration solar collectors in this cycle could reduce 
the cost of a solar thermal power plant from $3500/kW to less than $2000/kW (based on year 
2000 price). If a solar thermal power plant based on this cycle was combined with a natural 
gas combustion turbine (especially if natural gas was used as a backup fuel), which costed 
around $500 to $700/kW, the combined cost would be in the range of about $1200 to 
$1500/kW, which could make solar thermal power cost competitive. 
Sun Dawen (1997) described a novel solar-driven refrigeration and air-conditioning system, 
which was a combination of an ejector and vapour compression cycle. Water was used as the 
refrigerant in the ejector sub-cycle and HFC-134a in the vapour compression sub-cycle. The 
study showed that the combined cycle was: (i) a potentially high performance system with a 
potential increase in system COP by more than 50% over the conventional cycles; (ii) a 
`green' system that conforms to all foreseeable ozone preserving regulations and reduces 
`green house' effect; and (iii) a cost effective system with low maintenance. 
Angelino Gianfranco et al (1998) evaluated the merits of organic-fluid mixtures as the 
working media for Rankine power cycles. Non-isothermal phase change both at high and low 
temperature represented the main advantage with respect to pure fluids. StanMix, a computer 
code using the Wong and Sandler (WS) mixing rules, was integrated into a commercial 
package, and employed for cycle analysis and optimisation. Heat recovery and geothermal 
applications using mixtures of siloxanes and hydrocarbons, respectively, were illustrated. It 
was demonstrated that optional selection of working-fluid composition was a powerful tool 
for an efficient organic Rankine cycle (ORC) design. 
R. A. HAJ KHALIL et al (1997) investigated the potential of using a solar pond for the 
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generation of electricity in Jordan. A solar pond power plant model was presented to simulate 
and optimize such a system under the Jordanian climate conditions. A Rankine cycle analysis 
was carried out using an environmentally friendly working fluid, Refrigerant 134a. It was 
found that using a solar pond for the generation of electricity in Jordan had the potential, with 
the cost of 0.234JD/kWh (1997) when using a pond of surface area of 1.5km2, to generate 
5Mwe. 
A novel hybrid solar/gas system intended to provide cooling/heating and electricity 
generation for buildings was developed by Oliveira A. C. et al (2002). The system was based 
on the combination of an ejector heat pump cycle with a Rankine cycle. It was driven by 
solar energy and supplemented by a gas burner. The system also used an environmentally 
friendly refrigerant, i. e., n-pentane, to have minimal impact on the environment. Results of 
the computer modeling, prototype tests and economic analysis were reported. It showed 
cooling capacities up to 5kW and electrical output up to 1.5kW could be achieved. 
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2.6 Summary 
A thorough review in relation to the selected technical subjects, e. g., heat pipe technology 
and heat pipe thermal performance analysis, numerical methods of heat pipe heat transfer, 
heat pipe solar collectors, micro turbines as well as solar CHP technology, was carried out. 
These subjects are all related to this research as each of those is part of the areas the project 
involved, and therefore, a better understanding of the technical progress in these areas is 
necessary. 
In section 2.1, the concepts of heat pipes were illustrated and the development of this 
technology was reviewed. The varieties of heat pipes used for different applications were 
summarised. Emphases were focused on two types of heat pipes, i. e., micro and miniature 
ones. A special miniature heat pipe was proposed, which would be used as the basic element 
of a heat pipe solar collector. Methods used for calculating limits of heat transport capacity of 
normal heat pipes were listed. The review shows that a more versatile analytical model 
covering the situations of both micro/miniature and normal heat pipes is desirable. 
In section 2.2, various numerical methods and mathematical expressions used for the 
simulation of fluid flow and heat transfer in a heat pipe were reviewed. Different treatments 
on the flow of vapour and liquid/wick areas and heat transfer between vapour and liquid 
phases, and that caused by heat pipe wall conduction were discussed. It was pointed out that 
the mathematical expressions and numerical schemes seemed to be rather complex in 
engineering applications, and therefore, a simple numerical model for heat pipe heat transfer 
analysis is desirable. 
In section 2.3, the concepts of solar collectors and heat pipe solar collectors were described, 
and the advantages of heat pipe solar collectors were highlighted. The progress on this 
technical area was reviewed. It was found that most of the previous works focused on the 
investigation of thermal performance of different types of heat pipe solar collectors by using 
analytical, numerical or experimental methods. The aim was to improve collector efficiency 
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through developing the optimum structures and finding suitable operating conditions. A flat 
plate heat pipe collector is inferior to an evacuated tubular heat pipe collector in heat 
efficiency, but it has its own advantages. It would be desirable to develop a new structure for 
flat plate collector that would overcome the currently existed problem, i. e., lower efficiency, 
and allow a high efficiency to be achieved. 
In section 2.4, the concepts of steam turbines were indicated. Development of micro 
turbines, particularly micro steam turbines, was introduced. There is no report so far for 
commercial application for a micro steam turbine less than 50kWe. However, a specially 
designed impulse-reaction steam turbine with 1.5-3kW outputs has been used in a prototype 
CHP system. 
In section 2.5, benefits of CHP scheme were identified compared to conventional method of 
providing heat and electricity. Current status of CHP technology was indicated. Emphases 
were focused on small-scale CHP systems, particularly those working with solar energy and 
combined with adsorption/absorption or ejector refrigeration cycle. 
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Chapter 3. Heat Pipes and Heat Pipe Thermal Performance Analysis 
3.1 Micro/miniature Heat Pipes and Normal Heat Pipes 
Cotter (1984) defined a 'micro' heat pipe as 'a heat pipe so small that the mean curvature of 
the vapour-liquid interfaces is necessarily comparable in magnitude to the reciprocal of the 
hydraulic radius of the total flow channel'. In practical terms, a 'micro' heat pipe is a 'wick- 
less', non-circular channel with an equivalent diameter of 0.1 to 1 mm. 
For this Ph. D work, the ` micro' heat pipes arrayed at a certain inclination, and hence they are 
gravitational `micro' heat pipes (also called `micro' closed two-phase thermosyphon) in 
which gravity played a significant role. Further investigation into the heat pipes found that 
the expression 'gravitational micro heat pipe' is not correct since each heat pipe has an 
equivalent diameter of about 2mm, which is beyond the sub-millimeter range. It is therefore 
more precise to call them 'miniature gravitational heat pipes' (Groll and Rosier, 1992). 
The geometrical shape of the heat pipe channel is a critical factor affecting the performance 
of the heat pipe. The channel geometry of a micro/miniature heat pipe is usually a concave 
trapezoid with tapered triangular channels in each of the four corners (Babin et al, 1989), as 
shown in Figure 2-9. Capillary action plays a major role for the operation of this kind of 
micro/miniature heat pipe. 
A special channel geometry was investigated in this research. This geometry is parallelepiped 
that has two very sharp opposite corners (Riffat et al, 2002), as shown in Figure 2-10. The 
sharp corners are slim enough to hold liquid block and would be able to produce a capillary 
force, and the capillary force played an important role on returning the liquid. In addition, 
because the heat pipe was arrayed at a certain inclination relative to horizontal, gravity force 
also played a role on returning the liquid. 
This special heat pipe was compared to a circular heat pipe of the same equivalent diameter. 
The circular heat pipe was operated only by a gravitational force, instead of the combination 
of capillary and gravitational force, and hence has different operation characteristics from the 
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miniature pipe. In addition, the circular heat pipe also differs from normal circular heat pipe 
in that it has a very small diameter, 1-3mm, which is same as the equivalent diameter of the 
miniature heat pipe. To identify this from the normal circular heat pipes and the miniature 
heat pipes, this pipe was termed ` mini' heat pipe. 
Compared to micro, miniature or `mini' heat pipes, `normal' heat pipes have larger channel 
diameter (or equivalent), above 2mm, and relatively longer length. They could be made into 
different channel geometries, but most are circular or rectangular. The inner surface of the 
heat pipes may be fitted with wicks, which are used to produce capillary force to aid the 
operation of the heat pipes; but some are wickless, which are operated by gravitational force. 
3.2 Analytical Model Set-up 
- 
Limits of Heat Transport Capacity 
The formulae for limits of heat transport capacity for circular channel heat pipes have been 
developed. These formulaes could be used to calculate heat transport capacities of the heat 
pipes with other channel geometries by introducing the equivalent diameter d1, which is 
expressed as follows; 
di 
= 
4A/, r (3-1) 
Whereby A is the cross-sectional area of the heat pipe. However, this calculation would 
cause an error since it does not consider the influence of channel geometry to fluid flow and 
heat transfer. In fact, this influence is un-negligible when conducting an accurate calculation. 
Babin et al (1990) Introduced the concept of shape factor, which is used to correct the errors 
that may arisen from shape of channel geometry, as shown in Table 3-1. 
Table 3-1. Valuse of the shave factor for heat nine calculation 
Shape Circle Regular hexagon Square 
k. 1.000 0.964 0.883 
There have been no reports in relation to the shape factor of the parallelepiped channel 
geometry. However, a value similar to that of the square geometry, such as 0.85, could be 
applied. This is because; firstly, there is no significant difference between the square channel 
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and the parallelepiped channel, except for the sharp comers which are only existed in the 
parallelepiped one; and secondly, although the sharp corners result in increased friction 
(entrainment) resistance between the liquid and vapour flows, they create a capillary force in 
a return which would promote fluid flow and heat transfer. As a result, the overall effect 
would be a compromised situation. 
For the miniature heat pipes, some problems may arise due to the additional capillary effect, 
and the larger flow resistance caused by the sharp corners. These will be considered in the 
calculation of the capillary limit. 
For any heat pipe, the maximum heat transport capacity is governed by five limits; namely, 
the sonic limit, the entrainment limit, the boiling limit, the viscous limit and the capillary 
limits. Using the techniques presented in Dunn and Reay (1982) and Babin et at (1990), and 
considering the influence of channel geometry on heat transfer, these limits may be expressed 
as: 
Sonic Limit 
9,. m = k, APhra (AT, /(2(Y+ 1))1/2 (3-2) 
Entrainment Limit 
4., m = 
k, A hta (op, /(2rn,,,, ))ii2 (3-3) 
Boiling Limit (or Dry Out Limit) 
qb2; 
dff k T, 2Q 
- 
ý, (3-4) 
,m= hr1pIn(1 r. l r, ) 
(r 
,, )k, 
Viscous Limit 
k, r; 2higpvPvk 
4ý. m = 16/t, lý (3-5) 
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Capillary Limit 
PPcl Z OPrg + APag + API + APv (3-6) 
Due to the influence of gravity on the heat pipes investigated, the heat transport capacity is 
also governed by the filled liquid mass. Zhuang (1989) expressed this parameter as follows: 
G= (0.81,, +0.81, +la)(3'u`PI; r 
2di2 )1/3 q, 1/3 k, hf8g (3-7) 
For wickless `mini' or `normal' heat pipes, there are no capillary pressure differences along 
the pipe length, i. e., ip, i=0. In addition, the entrainment limit may be expressed in a different 
way, as shown below (Zhuang, 1989). 
; Zd2.5 h_ 
4.. m = k,. fi (O)Cw24 [1 +p 
ýý p` )0.25 ]2 (3-8) 
C,,, 
=0.725 
ft (0) 
_ 
(180 + sin 20 )0.65 (3.9) 
For the micro/miniature gravitational heat pipes or the wicked normal heat pipes, the net 
capillary pressure difference Opci is calculated by using LaPlace-Young equation and 
assuming that during steady state operation the capillary radius of the curvature in the 
condenser section approaches infinity. This assumption allows the capillary pressure 
difference, Op, j, to be defined as a function of the surface tension ß, the wetting angle 0, and 
the radius of curvature of the liquid-vapour interface in the evaporator, ra, 
Pcr = (2a / r,, ) cos 0 (3-10) 
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The corner regions of the micro/miniature heat pipe may be approximated to a triangle, 
shown in Figure 2-10, and hence the capillary radius may be found as: 
/'C = w/cos(a+B) (3-11) 
Where, w is half the groove width and is dependent on the position along the pipe length and 
the fluid properties. a is equal to half the included angle of the geometry. 
For wicked heat pipes, the capillary radius may be expressed in different ways, depending on 
wick structure, which are outlined in Table 3-2 (Zhuang, 1989). 
Table 3-2. Capillary radius for different wick structures 
Wick Effective capillary radius rC. Nomenclature 
structure 
Cylinder hole rCe=r r: radius of cross section of 
cylinder 
Rectangular rCe=W W: width of rectangular groove 
roove 
Triangle re=W/cosß W: width of rectangular groove; 
groove : 1/2 of depth angle 
Parallel wires re=W W: distance between adjacent 
wires 
Mesh (1 layer) rCe=(W+d)/2 W: distance between adjacent 
mesh wires; 
d: diameter of the mesh wire 
Sintered metal rCe=d/(2(1-E)) d: diameter of metal fiber wire 
fibre e: ratio of void 
Sintered rce= 0.41r, r,: radius of sintered particle 
particle 
For any kind of heat pipe, the radial and axial hydrostatic pressure drops Op,,, Apag are the 
result of the gravitational forces and may be expressed as: 
Prg = 
-Pl gds, cos O (3-12) 
OPag 
= 
-PI 91 p sin O (3-13) 
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The liquid pressure drop, Opj, may be found by evaluating the shear forces at the liquid-solid 
and liquid-vapour interfaces. These forces inhibit the return of the liquid through the wall 
areas and may be computed by integrating the pressure gradient over the length of the heat 
pipe. For constant heat addition and heat rejection, this yields: 
API 
_ 
-( A )leffgc (3-14) KA, hfgpi 
K= rhl2/8 (3-15) 
lef 
=0.51e +la +0.51c (3-16) 
Due to the compressibility of the vapour phase and the mass addition and removal in the 
evaporation and the condensation section, determination of the vapour pressure drop, spy, in 
the heat pipes is complicated. Because of the large difference in the density between the 
liquid and vapour phases, the velocity of the vapour phase must be significantly higher than 
the velocity of the liquid phase. Hence, the pressure gradient due to variation in the dynamic 
pressure, which is due to velocity and density changes, must also be considered when 
evaluating the vapour pressure drop. Chi (1976) gave the following expression for the vapour 
pressure drop: 
OPv 
C(. fv Rev )1u )leff Rc 
- 
ý2(rh, 
v)2APvh1g 
(3-17) 
In addition, this pressure gradient also partly results from the frictional drag in the heat pipes. 
The friction factor, f,,, and the constant, C, can be determined once the local axial Reynolds 
number and Mach number are defined. These expressions are given below. 
2(rh, 
v)gc Rev = Av/ 
vhfg 
(3-18) 
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My 
- 
(3-19) 
Avpvhfg (RTY)o. s 
Kraus and Bar-Cohen (1983) gave the expressions for ff and C, for different sets of 
conditions, as follows: 
Rev S 2300, MV :90.2 (3-20) 
(fvRev) =16, C=1.00 
Rev S 2300, My >- 0.2 (3-21) 
(f, Rev)=16 
C=Cl =(1+(7)M2)05 
Re>2300, M: 50.2, (3-22) 
(f,, Rer)=0.038 
C=C (2yhvgc )0.75 2 AvhfgIv 
Re>2300, M, >0.2 (3-23) 
(f, Re, )=0.038 
C=C1C2 
The algorithm used in the analytical model is described as follows: 
(i) Equations 3-18 and 3-19 define the Reynolds and Mach numbers as functions of the 
heat transport capacity, q... Hence, the model initially assumes that the vapour flow 
within the heat pipe is laminar (i. e., Re :5 2300 and M,, 5 0.2). 
(ii) The individual pressure drops are calculated by using Eqs. 3-12,3-13,3-14 and 3-17. 
(iii) The individual pressure drop values are used in equation 3-6 to obtain the capillary 
limit, and the other limits of heat transport were obtained from Equations 3-2 to 3-5. 
(iv) The values obtained from Equations 3-2 to 3-6 are compared and the minimum is 
assumed to be the heat transport capacity, qQ,, x. 
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(v) This value is substituted into Equations 3-18 and 3-19. The initial assumption of 
laminar flow is checked, by comparing the Reynolds and Mach numbers against 
Equations 3-20 to 3-23. 
(vi) The correct equation for Reynolds and Mach number is then used. An iterative 
procedure from step (ii) is then initiated until the differences in the values of 
Reynolds and Mach numbers between the consecutive two iterations approach the 
predefined small values. 
(vii) The final value of q. x is taken as the limit of heat transport capacity. 
33 Validation of the Analytical Modeling 
To validate the suitability and accuracy of the model used for a heat pipe, comparison was 
carried out between the modeling results and published experimental data for a micro heat 
pipe. 
Two test pipes were constructed [Babin B. R. et al, 19901, one made of silver and the other 
copper. They were both charged with 0.032g of distilled, deionized water and were 
evacuated. In addition, two uncharged test pipes, one each of copper and silver, were tested 
to determine the amount of heat conducted through the wall to establish a baseline for 
evaluating the improvement in performance due to the vaporization and condensation of the 
working fluid. 
Figure 3-1 illustrates the geometry of the heat pipes investigated. The shape factors and the 
sizes of the heat pipe are indicated in Tables 3-3. The limits of heat transport capacity, 
including capillary, sonic, entrainment, viscous limits, were calculated using the model, and 
the results were illustrated in Figure 3-2. The simulation results of capillary pressure, liquid 
pressure and vapour pressure are shown in Figure 3-3. 
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Figure 3-1. Cross-sectional imensions of the micro heat pipe 
Tahln. 1.3_ Micro heat nine dimensions 
Length, m 0.05 
Length of condenser, m 0.0127 
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Figure 3-2. Limits of heat transport capacity of a trapezoidal micro heat pipe with 
water at a horizontal orientation 
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Figure 3-3. Evaluation of the pressure component as a function of the operating 
temperature for the trapezoidal heat pipe with water at a horizontal orientation 
Figure 3-4 illustrates the results obtained for a copper heat pipe of the dimensions described 
above, operating in a horizontal orientation and charged with 0.0032g of water. The heat pipe 
was evaluated at a total of six operating temperatures, 30.8°C, 39.5 °C, 43.8 °C, 51.6 °C, 58.9 
°C and 67.6°C, one operating temperature for each set of test points. As shown, the thermal 
conductance of the pipe decreased rapidly with respect to the evaporator temperature and 
asymptotically approached a constant value somewhat above the value obtained for an 
uncharged pipe. With the exception of the slightly decreasing difference between the ultimate 
conductance value of the test pipe and the conductance of the uncharged pipe, this behavior 
is precisely what would be expected for a heat pipe in which the evaporator is slowly drying 
out. Increases in the input power initially caused the liquid meniscus to recede into the liquid 
channels located in the corners of the heat pipe. This resulted in a decrease in the radius of 
curvature of the liquid-vapour meniscus, a corresponding decrease in the cross-sectional area 
of the liquid, and hence, a slight increase in the evaporator temperature. The receding of the 
meniscus continued with increasing power, until dry-out of the evaporator occurs. 
The slightly decreasing difference between the ultimate conductance value of the test pipe 
and the conductance of the uncharged pipe resulted from an increase in the effective size of 
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the evaporator. Prior to dry-out, all the vaporization occurs in the evaporator region. Once 
dry out begins, the temperature of the heat pipe wall in the adiabatic section increases and a 
small part of the adiabatic section began to act as an evaporator. As the power continued to 
increase, the dry-out in the evaporator spread and the portion of the adiabatic section that 
behaved as an evaporator expanded. In the extreme case where complete dry-out of the 
evaporator section occurs, a large portion of the adiabatic section may behave as an 
evaporator and may even begin to dry out at the end farthest from the condenser. 
Figure 3-5 illustrated the results for the various test points obtained for a silver heat pipe of 
the same dimensions, charged with 0.0032 g of water. The test conditions were similar; 
however the operating temperature at which the silver heat pipe was evaluated were 31.8°C, 
32.3°C, 42.0°C, 52.5°C, and 62.8°C. As shown, the trends and tendencies were all similar to 
those of the copper pipe tested. 
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Figure 3.4. Measured thermal conductance of a trapezoidal micro heat pipe as a 
function of the evaporator temperature (copper, 0.032 g charge) 
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Figure 3-5. Measured thermal conductance of a trapezoidal micro heat pipe as a function 
of the evaporator temperature (silver, 0.032 g charge) 
In order to compare the experimental results with those predicted by the analytical model, it 
was necessary to develop a method for determining the point at which dry-out begins. The 
experimental data presented in Figs 3-4 and 3-5 clearly display a change in the operation of 
the two test pipes as the operation temperature and power levels were increased. After 
reviewing the experimental data, an attempt was made to identify and quantify better the 
onset of dry-out. Because, as discussed previously, there was no clear cut division between 
the evaporator and condenser, this proved to be quite difficult. 
Several strategies were completed, including development of a mathematical method for 
determining the maximum curvature for each operating temperature. The final approach used 
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was to select a region on both sides of the point of maximum curvature, that is a range 
around the point at which the most rapid change of the conductance occurs with respect to 
evaporator temperature. This range was assumed to be the region over which dry-out 
occurred. The initial point, which will be referred to as the onset of dry-out, was identified as 
that point where the slope of a line tangent to the curve was 60 deg. The termination of dry- 
out was assumed to occur at that point where slope of the tangent line was 30 deg. Although 
this would appear to be a large range, in reality it is probably reasonably close to the actual 
behavior, since dry-out is a gradual process and unlike the sonic or boiling limit, develops 
quite slowly. 
Figures 3-6 and 3-7 illustrate the results of this process and compare the measured input 
power to the heat pipe evaporator, with the maximum heat transfer capacity predicted by the 
model for the copper and silver test pipes, respectively, As shown, at low operating 
temperatures, this model over-predicts the experimentally determined maximum heat 
transport capacity by approximately 15 percent for both the copper and silver test pipes. 
Between operating temperatures of 40 and 60, the model predicts dry-out with a reasonable 
degree of accuracy, and above 60 the model slightly under-predicts dry-out. 
In overall, the steady-state experimental results provide experimental verification of the 
trapezoidal micro heat pipe concept and indicate that the analytical model can be used to 
predict accurately the level of performance. Since variations in the way the dry-out 
phenomenon is defined can significantly increase or decrease the experimentally determined 
values, the discrepancy between the measured and predicted values may in part be due to the 
technique used to define dry-out. As a result, the perceived accuracy of the models is 
strongly dependent upon the way dry-out is defined. To resolve this problem, it is necessary 
to understand the dry-out phenomenon better and define more clearly when it begins and how 
it proceeds. 
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Figure 3-6. Comparison of the maximum heat transport capacity of a trapezoidal micro 
heat pipe as a function of the operating temperature (copper, 0.0032 g charge) 
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Figure 3-7. Comparison of the maximum heat transport capacity of a trapezoidal micro 
heat pipe as a function of the operation temperature (silver, 0.032 g charge) 
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3.4 Discussion of the Modelling Results 
3.4.1 Comparison of the Thermal Performance of the Miniature and Mini [feat Pipes 
Figure 3-8 illustrates the geometry and dimensions of the two miniature heat pipes and one 
mini heat pipe investigated. The heat pipes have the same overall length, evaporator length 
and condenser length of 1100,1000 and 100 mm respectively, which are the exact 
dimensions of the real heat pipes used in the thin membrane heat pipe solar collector. The 
cross-sectional areas of the heat pipes are 3.14 mm2 each. The mini heat pipe has a circular 
cross-section with the diameter of 2mm. The two parallelepiped miniature heat pipes have 
dimensions of length and width as follows: 
Table 3-4. Dimensions of the miniature heat pipe channels 
CASE 1 CASE 2 
Length (a) 
- 
mm 9.97 6.28 
Width (b) 
- 
mm 0.63 1.0 
The analytical model was initially used to determine the limits of heat transport capacity and 
the critical limit for the miniature and mini heat pipes as a function of operating temperature, 
inclination and liquid fill level. The investigation initially assumed that the heat pipe operated 
at inclination of 60deg, liquid fill level of 0.25m and temperature of 150°C, which was in 
consistent with the testing conditions of the heat pipe operation in the collector application. 
The subsequent investigation allowed two of the three parameters (inclination, liquid fill 
level and temperature) constant and one variable in order to analyse the influence of the each 
parameter to heat transport capacity. 
Since the thin membrane heat pipe solar collector was designed to allow a 60deg inclination, 
the heat pipe was assumed to operate at this inclination. Since a gravity-assisted heat pipe 
was suggested to fill to 1/3 to 1/4 of the evaporation length to prevent dry-out and enable the 
maximum heat transfer during the operation [Zhuang J. et at, 1989], the heat pipe was 
assumed to be filled to 1/4 of the evaporation length (0.25m). Furthermore, the operating 
temperature was initially set at 150°C to comply with the design requirement for the heat 
pipe operation. 
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Influence of operating temperature 
Figures 3-9 and 3-10, respectively, show the variations of the limits of heat transport capacity 
with working temperature for the miniature and mini gravitational heat pipes simulated. 
These results were obtained by assuming the heat pipes to be inclined at 60deg to the 
horizontal, and filled to the same liquid fill level (0.25m). It was found that: 
" The entrainment limit is the dominant limit for the two miniature heat pipes. 
" As can be seen from Figure 3-9, increasing the width `b' of the miniature channel from 
0.63 to lmm and decreasing the length `a' from 9.97 to 6.28mm, whilst keeping the 
cross-sectional area the same, resulted in increase of the capillary limit and decrease of 
the entrainment limit. Consequently, the critical limit decreases. This shows the 
miniature heat pipe with the smaller width (Case 1) has a better thermal performance 
than the miniature heat pipe with the larger width (Case 2). 
" The entrainment is the dominant heat transport limit for the mini heat pipe studied, as 
shown in Figure 3-10. 
" Figures 3-9 and 3-10 show that the miniature heat pipes result in larger heat transport 
limits and hence perform better than the mini heat pipes of the same cross-sectional area. 
Influence of inclination to the horizontal 
Figures 3-11 and 3-12 show the variations of the limits of heat transport capacity with 
inclination for the miniature and mini gravitational heat pipes. The results were obtained by 
assuming the operating temperature to be 150°C and liquid fill level to be 0.25m. 
" Figure 3-11 shows that the critical limit increases as inclination is increased from 0 to 30 
degrees for the miniature heat pipe Case 1. Beyond 30 degrees inclination, the critical 
limit remains constant. A similar behaviour is observed for the miniature heat pipe Case 
2 whereby the critical limit increases with increase in inclination from 0 to 20 degrees, 
and remains constant beyond this value. This behaviour is largely due to the capillary 
limit being the dominant factor at inclinations below 30deg for Case 1, and below 20deg 
for Case 2. At higher inclinations, the entrainment limit becomes the dominant factor 
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affecting the critical heat transport of the miniature heat pipes, which remains constant 
when inclination varies. 
" At inclinations below 30deg, the miniature heat pipe Case 2 has higher heat transport 
limit than the miniature heat pipe Case 1. At higher inclinations, miniature heat pipe 
Case 1 has a better thermal performance. 
" The critical limit for the mini gravitational heat pipe increases with the inclination, as 
shown in Figure 3-12. 
Influence of liquid fill level 
Figures 3-13 and 3-14 show the variations of the limits of heat transport capacity with liquid 
fill level for the miniature and mini gravitational heat pipes. The results assumed the 
operating temperature to be 150°C and the heat pipes to be inclined at 60 degree to the 
horizontal. 
" Figure 3-13 shows that for both miniature heat pipe Case I and Case 2, the critical limit 
increases when the liquid fill level is varied up to 0.2m. Beyond 0.2m, there is a slight 
increase in the critical limit. At liquid fill levels below 0.2m, the dry out limit is the most 
significant factor affecting heat transport of the heat pipes. As shown in Figures 3-6, this 
factor increases significantly with liquid fill level. At higher liquid rill levels (0.2m- 
0.8m) the entrainment limit becomes the dominant factor, which increases slightly with 
liquid fill level. 
" In the case of the mini gravitational heat pipe (Figure 3-14), the critical limit increases 
with liquid fill level when it is below O. lm due to the effect of the dry out limit, and 
beyond a liquid fill level of O. lm the entrainment limit becomes the most significant 
factor affecting heat transport capacity of the heat pipe, which remains constant at the 
liquid fill range. 
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3.4.2 Comparison of the Thermal Performance of the Normal Rectangular and Circular 
Heat Pipes, with/without Wicks 
. 
The analytical model was also used to predict the thermal performance of the normal heat 
pipes, with circular and rectangular channel geometries, with/without wicks. The dimensions 
of the cross section vary in a wide range, as shown in Table 3-5. However, the lengths of the 
heat pipes remain the same as the real heat pipes used in the hybrid heat pipe solar collector, 
i. e., 1970mm, of which 1700 mm as the evaporation section, 200mm as the condensation 
section, and 70mm as the adiabatic section. For either the wicked or the wickless structure, 
the dimensions of the heat pipes are the same. 
Table 3-5. Dimensions of the normal heat pipe channels 
Channel geometry Dimensions 
Circular 6 7 8 
diameter, mm 
Rectangular (width x 5.652 x5 7.693 x5 10.048 x5 25 x5 50 x5 100 x5 500 x5 
height, mmxmm) 
The limits of heat transport capacity and the critical limit for the heat pipes were determined 
using the analytical model, which are indicated as a function of operating temperature, 
inclination and fill level. They were compared to each other in order to sort out the favourite 
channel geometry, dimensions and operating conditions. The investigation initially assumed 
that the heat pipe operated at inclination of 30deg, liquid fill level of 0.425m and temperature 
of 120°C, which was in consistent with the real conditions of the heat pipe operation in the 
collector application. 
Since the heat pipe solar collector was intended to be installed at a roof with a 30deg slope, 
the heat pipe was assumed to operate at this inclination. Since a gravity-assisted heat pipe 
was suggested to fill to 1/3 to 1/4 of the evaporation length to prevent dry-out and enable the 
maximum heat transfer during the operation [Zhuang J. et al, 1989], the heat pipe was 
assumed to be filled to 1/4 of the evaporation length. Furthermore, the operating temperature 
was initially set at 120°C to comply with the design and testing conditions of the heat pipe 
operation. 
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Influence of operating temperature 
A circular and wickless heat pipe was selected to investigate influence of operating 
temperature to heat transport capacity. The results were obtained by assuming the heat pipes 
to have a diameter of 7mm, to be inclined at 30deg to the horizontal, and filled to the same 
liquid fill level (0.5m), which are shown in Figure 3-15. The entrainment limit was found to 
be the dominant limit for the heat pipe, which increases with the working temperature at an 
approximately linear trend. To enhance the heat transfer of a heat pipe, a good way is to 
operate it at a higher temperature. Further investigation showed that other heat pipes had the 
same trend as this heat pipe, see Appendix 1. 
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Figure 3-15. Variation of heat transport capacity with operating temperature 
- 
circular, wickless heat pipe 
0 
Influence of inclination 
The same heat pipe was used to investigate influence of inclination to heat transport capacity. 
These results were obtained by assuming the pipe operated at the same temperature (200"C) 
and filled to the same liquid fill level (0.5m), which are shown in Figure 3-16. It was found 
that the entrainment limit is still the dominant limit for a circular/wickless heat pipe, which 
increases with the inclination. 
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Figure 3-16. Variation of heat transport capacity with inclination 
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circular, wickless heat pipe 
Influence of liquid fill level 
The same heat pipe was used to investigate influence of liquid fill level to heat transport 
capacity. It was found that the entrainment limit is the dominant limit for the heat pipe, which 
remains constant at any liquid fill level, above 0.1m, and the dry-out limit is the dominant 
limit when the liquid fill level is below 0.1, which increases with the level. 
Influence of heat pipe dimensions 
The variation of the limits of heat transport capacity with diameter of the circular/wickless 
heat pipes is shown in Figure 3-17. These results were obtained by assuming the pipe 
operated at the same temperature (200°C), to be mounted at the same inclination (30deg) and 
filled to the same liquid fill level (0.5m). It was found that the entrainment limit is the 
dominant limit for a circular/wickless heat pipe, which increases with the diameter. 
For the rectangular heat pipes investigated, the heights remain the same, i. e., 5mm, but the 
widths vary in a wide range of dimensions, from 5mm to 500mm. The variation of the limits 
of heat transport capacity with width of the rectangular heat pipes is shown in Figure 3-18. 
These results were obtained by assuming the pipe operated at the same temperature (200°C), 
to be mounted at the same inclination (30deg) and filled to the same liquid fill level (0.5m). It 
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was found that the entrainment limit is the dominant limit when the width is less than 25mm, 
but boiling limit becomes the dominant limit when the width is more than 25mm. Overall, 
the critical heat transport limit increases linearly with width of the heat pipes. 
Provided that a number of rectangular heat pipes were fitted tightly in an area of 500mm 
width and 1900mm length to construct a flat plate solar absorber, i. e., a heat pipes group, 
then quantity of the heat pipes included would be totally dependent on the width of the heat 
pipes selected. The overall heat transport capacity of the heat pipes group is also dependent 
on the width of the pipes. Relationship between overall heat transport capacity of the heat 
pipes group, quantity of the heat pipes and width of the heat pipes is shown in Figure 3-19. It 
was found that the heat transport capacity of the heat pipes group achieves the maximum 
value when using 20 heat pipes with the width of 25mm. This happened because the 
entrainment and boiling limits of the heat pipe are the same at the given operating conditions, 
which results in the best heat transfer for the combined heat pipes group. 
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Figure 3-17. Variation of heat transport capacity with diameter 
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Influence of heat pipe channel geometry 
Influence of heat pipe channel geometry to heat transport capacity was investigated by 
comparing the circular/wickless heat pipes with diameter of 6mm, 7mm and 8mm and the 
rectangular/wickless heat pipes with the same equivalent diameter, i. e., heat pipes with sizes 
of 5.652mm x 5mm, 7.693mm x 5mm, and 10.048mm x 5mm. The results were obtained by 
assuming the pipe operated at the same temperature (200°C), to be mounted at the same 
inclination (30deg) and filled to the same liquid fill level (0.5m), which are shown in Figure 
3-20. The entrainment limit was found to be the dominant limit for both circular and 
rectangular heat pipes (wickless), and a circular heat pipe has higher heat transport capacity 
than the rectangular one with the same equivalent diameter. 
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Figure 3-20. Comparison of heat transport capacities of circular and rectangular heat 
pipes 
Influence of wick structure 
Influence of wick structure to heat transport capacity was investigated by comparing the 
circular/wickless heat pipes with diameter of 6mm, 7mm and 8mm and the circular/wicked 
pipes with the same diameters. The results were obtained by assuming the pipe operated at 
the same temperature (200°C), to be mounted at the same inclination (30deg) and filled to the 
same liquid fill level (0.5m), which are shown in Figure 3-21. It is found that the entrainment 
limit is the dominant limit for wickless heat pipes, and the capillary limit is the dominant 
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limit for wicked pipes. A circular/wickless heat pipe has higher heat transport capacity than 
the circular/wicked pipe of the same equivalent diameter. 
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Figure 3-21. Comparison of heat transport capacities of wickless and wicked heat pipes 
3.5 Summary 
A number of heat pipes, namely, miniature heat pipes, normal circular and rectangular heat 
pipes, with/without wicks, were illustrated in this Chapter. These pipes are intended to be 
used as the components of the heat pipe solar collectors, which will be investigated in the 
following chapters. 
An analytical model was developed to evaluate the thermal performance of any type of heat 
pipe. The maximum heat transport capacity is taken as the index evaluating heat transfer 
capability of a heat pipe, which is governed by six limits, i. e., the sonic limit, the entrainment 
limit, the boiling limit, the viscous limit, the capillary limit and the filled liquid mass limit. 
The physical phenomena and mathematical theory involved with the process were indicated, 
and a FORTRAN program was developed based on the analysis above. 
-60- 
Heat Pipes and Heat Pipe Thermal Performance Analysis 
The model was initially used to analyse the thermal performance of the miniature and mini 
heat pipes indicated above. It was found that: 
" The maximum heat transport capacities of the miniature or the mini heat pipes increase 
with the increase of operating temperature. 
" The maximum heat transport capacities of the miniature heat pipes increase with the 
increase of liquid fill level. However, the maximum heat transport capacity of the mini 
heat pipe increases initially with the liquid fill level when it is below 0.1, but remains 
constant when the level is above 0.1. 
" The maximum heat transport capacity of the miniature heat pipe increases with the 
increase of the heat pipe inclination when the inclination is below 30 deg. Beyond 30 
deg, its maximum heat transport capacity remains constant. However, the maximum 
heat transport capacity of mini heat pipe increases with the increase of heat pipe 
inclination. 
" The maximum heat transport capacities of the miniature and mini heat pipes increase 
with the increase of the heat pipe inclination. 
" For the two miniature heat pipes, the one with smaller width (Case 1) has a better 
thermal performance than that with larger width (Case 2). The miniature heat pipes 
perform better than the mini heat pipe if they have the same cross-sectional area. 
" The entrainment limit is the dominant limits for both the miniature and mini heat pipes. 
The model was then used to analyse the thermal performance of the normal 
circular/rectangular heat pipes, with or without wicks. It was found that: 
" For any type of `normal' heat pipe, the maximum heat transport capacity increases with 
the increase of operating temperature. 
" For any type of `normal' heat pipe, the maximum heat transport capacity remains 
constant when the liquid fill level is above 0.1. 
" For any type of `normal' heat pipe, the maximum heat transport capacity increases with 
the increase of the inclination. 
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" For any type of heat pipe, the maximum heat transport capacity increases with the 
increase of channel dimensions (diameter or equivalent diameter). For a flat plate solar 
panel with dimensions of 1900mm (length) x 500mmm (width), which is made of the 
selected rectangular heat pipes indicated above, the optimum width of an individual 
heat pipe is 25mm. 
" The maximum heat transport capacity of a circular heat pipe is larger than that of the 
rectangular heat pipe of the same equivalent diameter, despite their wick structure. 
" The maximum heat transport capacity of a wickless heat pipe is larger than that of the 
wicked heat pipe of the same dimensions. The entrainment limit is the dominant limit 
for a wickless heat pipe, and the capillary limit is the dominant limit for a wicked pipe. 
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Chapter 4. Numerical and Experimental Investigation of Heat Transfer in 
the Selected Heat Pipes 
4.1 Numerical Model Set-up 
- 
Mathematical Theory and Numerical Method 
A numerical model was developed based on the analysis of the previous methods. The 
model allowed a few simplified assumptions to be made, but still able to provide a 
reasonable accuracy for practical application. In this model, vapour flow was treated in 
different ways for different heat pipes. For a micro/miniature heat pipe, vapour flow was 
treated as a one-dimensional problem. This is because the vapour cross-sectional area is so 
small that the variations of vapour parameters (velocity, pressure and temperature etc) 
along radial direction becomes negligible. However, for a normal heat pipe, vapour now 
was treated as a two-dimensional problem. This is because the vapour cross-sectional area 
is relatively large, which would result in a remarkable variation of vapour parameters along 
, 
\. the radial direction. In that case, using one-dimensional model would cause an 
unacceptable discrepancy. 
Heat transfers through liquid and wall regions were computed by solving a 
one-dimensional heat conduction equation. This is rational because of the following two 
reasons: firstly, the heat transfer in a heat pipe is mainly conducted by evaporation and 
condensation of vapour flow, and secondly, heat input across the evaporator area and heat 
output across condenser area are evenly distributed, which result in an even temperature 
distribution around the evaporator and condenser areas. As a result, heat conduction 
through wall and liquid region is mainly directed toward radial direction, rather than axial 
direction. 
Flow in the liquid region was treated as a one-dimensional problem. This is because the 
liquid in a heat pipe is evenly distributed around the periphery of heat pipe inner wall, 
which would form a very thin liquid film. The film is so thin (about 0.1 mm) that the 
variation of liquid parameters across the film becomes negligible. 
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Liquid and vapour flows were correlated by using a set of governing equations, including 
those for thermal compressibility, hydro-dynamical, capillary, and geometrical relation. 
Finite-difference method was employed to carry out numerical analysis for the equations, 
and the FORTRAN language was used to develop a computer program. 
4.1.1 Mathematical Theory 
Miniature and Mini Heat Pipes 
As indicated above, vapour flow in a miniature/mini heat pipe could be treated as a 
one-dimensional flow. The flow could be analysed by coupling the governing equations 
with those of liquid flow, and of heat conduction for the heat transfer across wall and liquid 
regions. 
The high thermal conductivity of heat pipes is the result of the continued evaporation and 
condensation process occurring within the heat pipe. For this reason, the determination of 
evaporation and condensation rates plays a key role in evaluating heat pipe operating 
characteristics. In this model, an expression for the free molecular flow mass flux of 
evaporation, j, presented by Collier (1981) and later used by Colwell and Chang (1984), 
was employed: 
ý2, 
R(+ 273)_]O., (P, - P; ) (4-1) 
When p3 is greater than p,,, j is positive and the liquid evaporated. When py is less than p,,, j 
is negative and the vapour condensed. In the development of the numerical model, the 
evaporation-condensation rate was assumed to be proportional to the liquid-vapour 
interface area in each section of the heat pipe, i. e., 
Ain« 
= JW«Ox (4-2) 
For a given latent heat, hfg, the rate of heat removed or absorbed in any section can be 
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determined from: 
qec = hjgec (4-3) 
For a miniature heat pipe (or a wicked `normal' heat pipe) to operate properly, the capillary 
pressure difference, plus gravity difference, must be sufficient to overcome the liquid and 
vapour pressure losses. However, for a mini heat pipe (or a wickless heat pipe) to operate 
properly, gravity difference is the sole force used to overcome the liquid and vapour 
pressure losses. 
Capillary pressure is expressed as 
Pc! = 2Qcos9/7 e (4-4) 
Since both pci and rr are functions of length position x, then 
dp, l 
- 
-2acos0 dr, (4-5) dx 
'ce2 dx 
Expressing this over a finite interval yields: 
OP,,! = (-2000S 0/r,, 2 )Arce (4-6) 
Gravity pressure differences include axial and radial pressure differences. They are 
expressed respectively as follows: 
OPag 
=-PtgsinO& (4-7) 
OPrg 
= 
-2P1 g cos O& (4-8) 
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The pressure losses of liquid and vapour are expressed as 
APv! 
= 
OP jv + APmv + OP f+ APml (4-9) 
The pressure losses result from liquid and vapour friction, and the momentum changes 
occurring in any one section along the heat pipe. The pressure losses due to friction for 
laminar flow may be expressed as: 
Op fy = (2Py&XUy)/rhv 
2 (4-10) 
OP fl =(2plAxu, )/rh, 
2 (4-11) 
The total pressure drop due to the momentum change may be expressed as: 
Apm1 
= 
(u1Ornsi + msl Aul + Ams, Attl) / A! (4-12) 
Apmv 
= 
(u 
v4ms,, + msvAu,, + AmsvAtiv) / A,, (4-13) 
For steady state model the energy equation may be written as: 
qin = qout (4-14) 
9f = msoh 18vo + mslh 1811 +q (4-15) 
gout = mslh fgvl + msoh1glo (4-16) 
q=R,,, (4-17) 
For transient state model the energy equation may be written as: 
Alin =gout +qr (4-18) 
qr =f PiAiCpi&ttdx+SPvAvCpvAtvdx+ jp5Ascpsetsdx (4-19) 
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The continuity equation may be written as: 
jpA, dx+ f p, A, dx =constant (4-20) 
The total volume and area inside the heat pipe may be defined and expressed, respectively, 
as: 
vol = vol, + vol,, (4-21) 
A= A, + Av (4-22) 
Both the miniature and the mini heat pipes consist of three basic sections, i. e., the 
evaporation section, the adiabatic section and the condensation section. Each section has a 
different set of boundary conditions, and as a result, needs to be treated independently. 
Evaporation Region: The single boundary condition used in the evaporation section was 
the time dependent heat flux. For a specific input heat flux, the saturation pressure at a 
given location could be obtained by using a combination of the mass flux expression given 
in Eq. 4-2 and the energy conservation equations given in Eq. 4-14 and Eq. 4-18. 
For steady state condition: 
_ 
Rec (4-23) PS (M l2ýRTi)t/2EXWechfg +Pv 
q1 = msoh18vo + ms, hr811 +q (4-24) 
For transient state condition: 
qin = Rec + Aq, + Aqs + Aqv (4-25) 
A9s 
= 
(CpsPsAsOxAts )1 At (4-26) 
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eq, = (C1p1A, exAt, )/At 
Aqv 
= (CpvPvAvAxty)/At 
(4-27) 
(4-28) 
Since ti is a function of ps, Eqs. (4-25 
- 
4-28) are coupled and can be solved using an 
iterative method with relaxation to obtain values for ti, q,,, Oq, and Aq,. Since the difference 
between the boundary and liquid temperatures At,, is proportional to the input heat flux, the 
boundary temperature can be obtained by adding At,, to ti 
. 
Adiabatic Region: The single boundary condition used in the adiabatic section was the 
time independent heat flux. For a zero input heat flux, pressure and energy balance at a 
given location could be expressed as follows: 
For steady state condition: 
P, = Pý (4-29) 
q, = msoh18, o + msl h1811 (4-30) 
For transient state condition: 
9ýn = 04, + A4s + Oq, (4-31) 
A4s = (Cps Ps AsAxAts)/At (4-32) 
04, = (Cpl p1A, AxAt1)/Ot (4-33) 
Aq,, 
= 
(Cp,, p,, A,, Axt,, )l At (4-34) 
Condensation Region: In the condensation section, the boundary temperature of the heat 
pipe was assumed to be constant, resulting in governing equations similar to those used in 
the evaporation section. 
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Rearranging Eq. 4-23, gave: 
qec = hjgWecix(2 RTC )1/2 (Pf ' Pv) (4-35) 
For steady state condition, 
q01 =q +ms, h18v1 +msoh18,0 (4-36) 
For transient state condition 
gou1 =q+ ms, h18v, + mso h f810 + Oq, +Aq, + Aq, (4-37) 
Normal heat pipes 
Most of the equations above can also be used to analyse the flows in a normal heat pipe, 
including the governing equations for liquid flow, and those for heat conduction through 
wall and liquid regions. However, the governing equations for vapour flow are different. 
The vapour flow can be assumed to be a steady, incompressible, axisymmetric (for circular 
pipes) and laminar flow for simplification (Attili Basem S., 1994). The radial velocity 
through liquid-vapour interface is a constant either in the evaporation section or in the 
condensation section. The variation of pressure only happens along the axial direction 
rather than the radial direction. 
The equations governing laminar vapour flow in a circular heat pipe are: 
Axial momentum equation: 
auf 
trau+vau 
lau 
ax ar p dx ar2 rar 
Continuity equation: 
(4-38) 
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au 
+1 
a(vr) 
ax r ar 
The boundary conditions are 
(a) u(0, r) = co; u(1, r) =0 
(b) v(0, r) = v(1, r) =0 
(c) v(x, 0) =0 
(d) auiar (x, O) =0 
(e) u(x, ro) =0 
(t) v(x, ro) =c 
(4-39) 
Where c is a constant and in the evaporation section, c>0 (injection); in adiabatic section, 
c=0; and in the condensation section, c<0 (suction). Of which (a) and (b) are end wall 
conditions, (c) and (d) are axial conditions, (e) is the non-slip condition and (f) is side wall 
condition. 
All of the equations above provided a clear mathematical expression for the physical 
phenomena occurring in the selected heat pipes. The numerical analysis was carried out 
based on the mathematical theory. 
4.1.2 Numerical Method 
Miniature and mini heat Pipes 
The finite-difference scheme was used to carry out numerical analysis and solution solving 
for the one-dimensional vapour flow model. The grid distribution and mesh network were 
designed, which is shown schematically in Figure 4-1. Both vapour and liquid were treated 
as one-dimensional flows, and the flow parameters vary only along the axial direction. The 
governing equations were applied to sections, grids and control volumes in a sequence 
order, which started from the control points and surfaces on the interface of liquid and 
vapour, and the boundary of liquid and wall. The grid size was set as I mm in this 
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simulation. The error limit was set to 0.5%. 
quulpul 
[Z ý 
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ýi 
IIIý1111 
`l 11+ U ý'7 u1ýu1 YYVI//_' 
liquid 
Vapour 
ýýmput 
Figure 4-1. Schematic diagram showing grid distribution, mesh network and 
heat/fluid flow in a miniature or mini heat pipe 
Normal heat pipes 
The unite-dit'ference scheme was also used to carry out numerical analysis and so lutio n 
solving for the two-dimensional vapour flow model. The grid distribution and mesh 
network were slightly different from that of a miniature heat pipe because valour was 
treated as a two-dimensional flow, as shown schematically in Figure 4-2. The grid sirr was 
set as 5mnn in axial direction and I mm in radial direction. 
I 
Figure 4-2. Schematic diagram oofgrid distribution, mesh network rund heat/fluid 
flow in a normal heat pipe 
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Given a section of heat pipe along the flow as the simulated element, vapour was initially 
treated as a one-dimensional flow, and the governing equations were coupled with those of 
liquid flow, as well as those for heat conduction through liquid and wall regions. Solving 
the correlated equations would give a set of results, including liquid flow parameters (ui, pi, 
a, etc), geometrical parameters of the interface of liquid and vapour phases(r., etc), as well 
as pressure gradients of liquid and vapour phases (Api and Apv). 
The results obtained were then used to activate a two-dimensional vapour flow model, 
which acted as the replacement of the one-dimensional model. This would give another set 
of results, including vapour flow parameters within the heat pipe space (u and v,, ), as well 
as the refined vapour pressure gradient (Ipv'). 
The values of Op and Opv' were compared, and the term of (Ap'-Apv)/'pv' was defined as 
the calculation error, pe. If the absolute value of pe is larger than 0.5%, then the iteration in 
this element continues by replacing Opy with Op, '. Otherwise, the iteration in this element 
stops and the subsequent iteration moves onto the next section of the heat pipe. 
4.2 Numerical Investigation of the Selected Heat Pipes 
4.2.1 Miniature and Mini Heat Pipes 
Two miniature and one mini heat pipes illustrated in Chapter 3 (Figure 3-1) were 
investigated. Their operating conditions are assumed and summarized in Table 4-1. The 
simulation results were obtained by applying these conditions into the numerical operation, 
which are indicated as follows. 
Table 4-1. Summary of the `micro' or mini heat pipe simulation conditions 
Type of the 
pipe 
Sizes 
mm x mm 
Fluid Temp. 
°C 
Heat transport 
W 
Liquid 
level, mm 
Pipe material/ 
thickness 
Inclination 
deg 
Miniature 1 9.97 x 0.63 Water 150 10 250 Copper (0.5mm) 60 
Miniature 2 6.28 x1 Water 150 10 250 Copper (0.5mm) 60 
Mini 2mm (dia) Water 150 10 A 250 Copper (0.5mm) 60 
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Variation of liquid and vapour cross-sectional areas 
Figures 4-3 and 4-4 present an indication of the complex behaviour of the liquid and vapour 
flow pattern in the heat pipes. As vapour condenses in the condensation section of the heat 
pipe, the volume of condensed liquid increases and is returned to the evaporation section. As 
liquid flows along the inner wall down to the bottom, it vaporizes partly due to absorbing the 
heat striking on the outer surface, and hence volume (or mass) flow rate reduces along the 
flow direction. As a result, the liquid cross-sectional area increases with height position 
above the reservoir in the evaporation section, and decreases with the height in the 
condensation section. Meanwhile, the vapour cross-sectional area varies at an opposite trend. 
Figure 4-3 shows little difference in the fluid flow pattern of the miniature heat pipes 
simulated. However, the flow pattern of the mini heat pipe follows a steeper trend. 
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Variation of vapour and liquid pressures 
The relationship of liquid and vapour pressures with height position above the filled liquid 
level are shown in Figures 4-5 and 4-6. The total vapour-liquid pressure difference is an 
important factor which affects the operation of a heat pipe. With the miniature heat pipes, 
the total pressure difference is shown to be significantly larger at the bottom of the 
evaporator section and decreased with height position above the reservoir fill level. The 
behaviour of the mini heat pipe shows the total pressure difference to increase from 
reservoir to condensation section. It is observed from Figures 4-5 and 4-6 that the 
vapour-liquid pressure differences in the miniature heat pipes are much larger than that for 
the mini heat pipe. This is mainly due to the geometrical shape of the miniature heat pipes, 
which causes higher flow resistances within the heat pipes. Figure 4-5 also shows that by 
increasing the width `b' of the miniature heat pipe (for Case 2) the flow resistance within 
the heat pipe is reduced thereby resulting in reduced pressure differences. 
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Figure 4-5. Variation of liquid and vapour pressures with height position 
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the miniature heat pipes 
517005 
517000 
516995 
Co a 
516990 
U) 
Qmm`, 516985 
516980 
AlA075 
F Vapour 
..... 
Liquid 
0 100 200 300 400 500 600 700 800 900 
Height position above liquid level, mm 
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Variation of vapour. liquid and wall temperatures 
Variations of vapour, liquid and wall temperatures with height position above the liquid fill 
level are shown in Figures 4-7 and 4-8. The results show little difference in vapour and 
liquid temperatures for both miniature and mini heat pipes. The temperature difference 
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between the heat pipe inner wall and the liquid/vapour area for the mini heat pipe is 
+1-0.01"C compared to +/-0.4°C for the miniature heat pipe, Case I and +/- 12 "C' for the 
miniature heat pipe, Case 2. The higher temperature difference existcing in the miniature 
heat pipe, Case 2 is due to the liquid cross-sectional area for Case 2 being slightly larger 
than that for casel. For both miniature and mini heat pipes, the temperature difference 
between the inner and outer walls is about 0.001''C under the operation conditions 
assumed. 
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4.2.2 Normal Heat Pipes 
Two normal heat pipes were investigated; one is a 1.97m long heat pipe, which was 
internally fitted with 2 wraps of copper screen meshes, as the wicks, and the other is a 0.5m 
long wickless (gravitational) heat pipe. For both wicked and wickless heat pipes, the design 
parameters and simulation conditions were all determined purposely to follow up the 
experimental constraints, which are detailed in Table 4-2 and Table 4-3 respectively. The 
calculations using the analytical model of Chapter 3 gave the maximum heat transport 
capacity of 314W for the wicked case and 112W for the wickless case. Numerical analysis 
was conducted to evaluate the operating characteristics of the heat pipes, which are 
indicated below. 
Table 4-2. Design parameters and simulation conditions of the wicked heat pipe 
Quantities Values 
Dimension 1970 (mm length) x8 (mm outer diameter) 
Evaporating section 1700 mm 
Adiabatic section 70 mm 
Condensing section 200 mm 
I [eat source temperature 170°C 
Cooling liquid temperature (average) 68"C 
Operating temperature 120 °C 
Incline angle relative to horizontal 20° 
Liquid fill level 425mm 
Pipe material/ thickness Copper, 0.376mm 
Wick structure Copper, screen, 2 wraps, 150 mesh count, 0.06mm 
wire diameter, 0.109mmxO. l09mm aperture size, 42% 
open area. 
Heat conduction/convection medium (evaporation 
section) 
Still air 
I teat conduction/convection medium (condensation 
section) 
Circulated water 
Working fluid Water 
Heat output 132 W 
Maximum heat transport capacity 314W 
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Table 4-3. Design parameters and simulation conditions of the wickless heat pipe 
Quantities Values 
Dimension 500 (mm length) x8 (mm outer diameter) 
Evaporating section 330 mm 
Adiabatic section 25 mm 
Condensing section 145 mm 
I leat source temperature 85°C 
Cooling liquid temperature (average) 45°C 
Operating temperature 80 °C 
Incline angle relative to horizontal 90° 
Liquid fill level 80mm 
Pipe material/ thickness Copper, 0.5mm 
heat conduction/convection medium (evaporation section) I lot water, 85°C 
ITeat conduction/convection medium (condensation section) Circulated water 
Working fluid Water 
I feat output 60 W 
Maximum heat transport capacity 112W 
Variation of liquid and vapour flows 
Figures 4-9,4-10,4-11 and 4-12 indicate the behaviour of the liquid and vapour flows within 
the wicked and wickless heat pipes. Two pipes show very similar trend on flow 
characteristics. In the condensation section, vapour velocity decreases along the flow 
direction (upward), and liquid velocity increases along the flow direction (downward), due to 
a dramatic condensation. Even so, liquid cross-sectional area still increases along the liquid 
flow direction (downward), resulting in the decrease of vapour cross-sectional area. This is 
because liquid flow is not fast enough to remove condensed liquid promptly. 
In the adiabatic section, liquid and vapour cross-sectional areas, as well as flow velocities, 
remain constant along the flow direction. This is because no heat transfer occurred in this 
area due to a high insulation level. 
In the evaporation section, vapour and liquid flows behave in contrast with that in the 
condensation section. On the interface of the evaporation section and the adiabatic section, 
liquid volume achieves its maximum value, resulting in the maximum liquid cross-sectional 
area and the minimum vapour cross-sectional area. Along the liquid flow direction 
(downward), some of the liquid absorbs heat striking on the heat pipe outer surface and is 
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vaporized, and the other keeps the flow trend along the pipe inner wall. The velocity of 
liquid flow, as well as the liquid cross-sectional area, decrease along its flow direction 
(downward), due to the decrease of liquid volume. Consequently, vapour cross-sectional area 
decreases along the flow direction (upward). 
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Figures 4-13 and 4-14 show the variation of axial vapour velocities with height position 
above the filled liquid level for the wicked and wickless pipes. Both pipes also show 
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similar trend for vapour velocity profiles. In the same cross section, the axial velocity is 
higher in the central area, and lower in the boundary area. The variation of the velocity 
across radial direction shows a parabolic shape. Along the height position, the axial 
velocity increases slightly in the evaporation section, remains constant in the adiatic section, 
but decreases significantly in the condensation section due to a relatively shorter 
condensing distance. 
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Figures 4-15 and 4-16 shows the variation of radial vapour velocity along radial direction 11 
different height positions (above the filled liquid level). In the evaporation section, the radial 
Il(1w velocity is negative and its absolute value decreases gradually I'roni the periphery to the 
centre area, which means an inward flow exists due to a constant injection from the interface 
uf' liquid/vapour phases. In the adiabatic section. the radial flow velocity is zero, which 
means no radial flow exists due to absence of injection/ejection on the interlace of 
liquid/vapour phases. In the condensation section, the radial velocity becomes postivc and 
absolute value increases gradually from the central area to the periphery, which means an 
outward flow exists due to a constant ejection from the interface ºýf the liquid/vapour phases. 
I loowcver, a slight difference exists between the wicked and wickless pipes. The wickless one 
has a higher vapour velocity than the wicked one. This is hccause the wicklrss pipe has a 
relatively smaller cross-sectional area, and a larger heat intensity on pet unit of ahsoýrhing 
surface. 
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Variation of vapour, liquid and inner wall pressures 
Relationship of liquid, vapour and inner wall pressures with height position for wicked and 
wickless heat pipes are shown in Figures 4-17 and 4-18 respectively. In the evaporation 
section, inner wall pressure is higher than vapour pressure, which results in liquid 
vaporization. In the condensation section, inner wall pressure is lower than vapour pressure, 
which results in vapour condensation. Liquid pressure is much lower than vapour and inner 
= wall pressures as part of its static pressure is converted into velocity pressure, causing the 
fluid flow within the heat pipe. 
Comparison between Figures 4-17 and 4-18 found that the wickless pipe has lower pressure 
than the wicked pipe, as the wickless pipe operated at a lower temperature. 
I 
5mm 
--- 
50mm 
250mm 
- 
300mm 
I m" 420mm 
-83- 
Numerical and Experimental Investigation of Heat Transfer in the Selected Beat pipes 
202010 
202000 
201990 
CL 201980 
E 201970 
CL 
201960 
201950 
201940 
`-- 
--_.. 00,00 r/ 
Vapour 
Liquid 
-"" -Inner wall 
0 200 400 600 Boo 1000 1200 1400 1600 
Height above the filled liquid level, mm 
Figure 4-17. Variation of vapour, liquid and inner wall pressures along the 
position above the filled liquid level - the wicked heat pipe 
47010 
47000 
46990 
46980 
a 
46970 
w 
! 46960 
a 
46950 
I AgOAA 
.... 
.......... 
......... 
Vapour 
-Uquld 
----" 
Inner wall area 
+vaw 
0 50 100 150 200 250 300 350 400 450 
Distance to the filled liquid level, mm 
Figure 4-18. Variation of vapour, liquid and inner wall pressures along the 
position above the filled liquid level 
- 
the wickless heat pipe 
-84- 
Numerical and F, xperimental Investigation of' I teat "Transfer in the Selected I Icat pipes 
Variation of temperatures 
Variations of the temperatures of vapour, liquid, wall, heat/cool sources and heat 
conduction/convection mediums with height position for the wicked and wicklcss pipes are 
shown in Figures 4-19 and 4-20 respectively. There are very little differences anuºng 
vapour, liquid and wall temperatures, compared to the differences of' vapour (liquid or wall) 
and hcat/cool sources and heat conduction/convection mediums. This dcii nstrate that 
both of the heat pipes are excellent heat transfer devices, and operate at an a pprummiately 
constant temperature. The major heat resistances occur in the heat conduction/convectiuºn 
mediums, which result in significant variation of temperature within these areas. For the 
wicked case, the heat conduction/convection mediums are the still air tilled in the heating 
clement vessel in the evaporation section, and the cooling water circulated through water 
jacket in the condensation section. For the wickless case, the heat conduction/cO nvectn n 
mediums are the same as the heating/cooling sources, i. e., hot water at 85"(' within an 
insulated vessel and cold water at 45uC (average) within a water jacket. 
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4.3 Experimental testing of the selected heat pipes 
lt should be mentioned that the testing for the miniature heat pipes were not conducted 
owing to difficulty of manufacturing a single parrelepiped miniature heat pipe. Experiment 
only focused on the normal heat pipes. 
4.3.1 'l'est rig set-up 
7est rigg /- jior the cricked {seat pipe 
A rig was constructed at Thermacore Europe Ltd to test the Operating characteristics of' the 
wicked heat pipe I Lin Song, 20021, which is shown schematically in Figure 4-21. A 
photograph of the rig is presented in Figure 4-22. 
A flexible heating element was wrapped along the evaporation surface, wich allowed ,i 
gap to exist between the heat pipe outer-surface and the heating clement inner , urfacc in 
order to create an identical heat input over the evaporator area. Insulation was covered 
outside the heating element to reduce heat loss to the environment. The heating output of 
the element was controlled by a Variac. 
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Figure 4-22. View of the test rig 
-for the wicked heut pipe 
The condensation section of the heat pipe is inserted into a water-cooled jacket, which is 
connected to a cooling water tank on the outlet end and a water lap on the inlet end, as 
shown in Figure 4-21. A volume-additive water meter is mounted to measure the water 
flow rate, by giving the overall flow volume and time duration of the testing. 
T-type thermocouples were mounted to measure the temperatures of a I'm points on the 
heat pipe outer surface, as well as those at the jacket inlet and outlet. Windmill, the data 
logger system was used to acquire the data. The energy balance test was carried out to 
validate the test rig. The data analysis showed that the energy balance error is ± 31k, see 
Table 4-4. 
Test rig 2- fchr the wickless heat pipe 
Another rig was constructed to test the operating characteristics of the wickless heat pipe. 
which is shown schematically in Figure 4-23. A photograph of the rig is presented in 
Figure 4-24. 
The evaporation section of the heat pipe was inserted into a hot water container, which was 
insulated and connected to a water heater. The water heater produced hot water at 
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temperature of 85°C, which would be filled to the container periodically to keep a constant 
temperature in the container, resulting in a periodical discharge of the container water. 
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The condensation section of the heat pipe was inserted into a water-cooled jacket, which 
was connected to a cooling water loop, as shown in Figure 4-23. An air cooler was used to 
remove heat away from the heat pipe, and a pump used to run the circulation. A single jet 
water meter was amounted to adjust water flow rate and jacket inlet/outlet temperatures. 
T-type thermocouples were used to measure the temperatures of a few points on the heat 
pipe outer surface, including evaporation and condensation section, as well as those at the 
jacket inlet and outlet. DT500, the data logger system was used to acquire data. 
4.3.2 Testing results and discussion 
The wicked heat pipe 
Three tests were carried out using the rig shown in Figure 4-22, in order to validate the 
reliability of the measurement data. Each test took approximately 2 hours. It is found that 
the steady state was achieved approximately 30 minutes after starting-up. The test results at 
the steady state were recorded, which are detailed in Table 4-4. 
It should be mentioned that although the thermocouples were stuck onto the outer surface 
of the heat pipe either at the evaporation section and the condensation section, they still did 
not give the real values of the surface temperatures. The reason for this is that the 
thermocouples not only touched the outer surface of the heat pipe, but also were exposed to 
surrounding mediums, such as hot air between the heating element and the outer surface of 
the heat pipe (evaporation section), and the inner surface of the cooling jacket 
(condensation section). In reality, the thermocouples gave temperature readings between 
that for the heat pipe outer surface and its surroundings. Therefore, the measurement data 
should be the values that are between outer surface temperature and surrounding 
temperature. 
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Table 4-4 Enerev balance and performance test data for the wicked heat nine 
Test No. 
Items 
1. 2 3, 
= 
Ambient tem erature, °C 23.60 23.46 23.50 
HP evaporator temperature 1, °C 128.43 129.78 107,32 
HP evaporator temperature 2, °C 137.03 138.22 114.56 
HP evaporator temperature 3, °C 138.92 139.97 114.80 
HP evaporator temperature 4, °C 138.64, 139.99 116.90 
Mean HP evaporator temperature, °C 135.76 136.99 113.39 
Insulation layer temperature at HP evaporator, °C 64.11 64.36 55.81 
HP adiabatic section temperature, °C 121.16 122.57 101.08 
HP condenser temperature 1, °C 112.17 113.82 94.18 
HP condenser temperature 2, °C 110.75 111.82 92.46 
LIP condenser temperature 3, °C 110.62 111.30 91.91 
Mean HP condenser tem erature, °C 111.18 112.31 92.85 
Insulation layer temperature at HP condenser, °C 51.89 52.78 45.09 
11P AT between evaporator and condenser, °C 24.57 24.68 20.54 
Inlet temperature of cooling water, °C 39.80 41.39 36.55 
Outlet temperature of cooling water, °C 95.34 95.53 78.38 
Heater temperature, °C 175.8 173.2 150.4 
Flow rate, CCM 35 35 35 
Heat power, W 171.43 171.43 133.52 
Estimated Heat loss, W 33.76 34.19 26.77 
Power loss by water cooling, W 135.44 132.05 102.03 
Energy balance error, % 1.31 3.03 2.54 
The wickless heat pipe 
Two tests were carried out using the rig shown in Figure 4-24. Each test took 
approximately 2 hours. It was found that the steady state was achieved approximately 20 
minutes after starting-up. Similar to the case for the wicked heat pipe, the test results at the 
steady state were recorded, which are detailed in Table 4-5. 
Similar to the situation of the wicked heat pipe, the thermocouple readings were at 
temperatures between that of the heat pipe outer surface and its surroundings. 
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Table 4-5. Enerev balance and Performance test data for the wickless heat nine 
Test No. 
Items 
1 2 
Ambient tem erature, °C 22.48 21.98 
HP evaporator temperature 1, °C 80.56 80.65 
HP eva orator temperature 2, °C 80.64 80.68 
HP evaporator temperature 3, °C 80.89 80.97 
Mean HP evaporator temperature, °C 80.7 80.76 
Insulation layer temperature at HP evaporator, °C 38.76 38.82 
HP adiabatic section temperature, °C 79.1 79.24 
HP condenser temperature 1, °C 76.17 76.21 
HP condenser temperature 2, °C 76.06 76.1 
HP condenser temperature 3, °C 76 76.04 
Mean HP condenser temperature, °C 76.08 76.12 
Insulation layer temperature at HP condenser, °C 25.36 25.38 
HP AT between evaporator and condenser, °C 4.62 4.64 
Inlet temperature of cooling water, °C 35.80 36 
Outlet temperature of cooling water, °C 44.39 44.39 
Heater temperature, °C 85 85 
Flow rate, CCM 100 100 
Heat power, W 60.75 59.502 
Estimated Heat loss, W 0.81 0.952 
Power loss by water cooling, W 59.94 58.55 
Energy balance error, % 1.33 1.6 
4.4 Comparison of Numerical Predictions and Testing Results 
Comparisons between numerical predictions and testing results were made, as shown in 
Figures 4-25 (for the wicked pipe) and 4-26 (for the wickless pipe) respectively. For the 
wicked heat pipe, the results from tests 1&2 are in good agreement with numerical 
prediction as the test conditions are very close to the simulation assumptions. However, 
results from test 3 are away from the numerical predictions, as the test conditions are 
different from the simulation assumption. For the wickless heat pipe, the results from both 
tests 1 and 2 are in general agreement with the numerical prediction due to approximacy 
between the test conditions and the simulation assumptions. 
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Figures 4-25 and 4-26 display the data measured from the thermocouples on the outer 
surface of the heat pipes, as well as the numerical temperature values of outer surface, 
surrounding fluids (heat transfer fluids) and heat/cooling sources. It was found that the data 
given by the thermocouples are between heat pipe outer surface temperatures and 
surrounding temperatures, a little close to the surface temperatures. 
This testing was constrained to temperature due to difficulty in testing any other parameters 
(pressure, velocity, flow distribution) for heat pipe operation using the rigs above. 
Therefore, further comparison of numerical predictions and experimental results is not 
possible. However, the comparison for temperature has already demonstrated that the 
numerical model is able to predict operating characteristics of both wicked and wichless 
heat pipes with a reasonable accuracy. 
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4.5 Summary 
A simplified numerical model was developed based on the analysis of the published work. 
The numerical model has been proven to be able to give reasonable accuracy for predicting 
heat pipe operation characteristics. This model treated vapour flow in different ways for 
different heat pipes. Vapour flow in a miniature pipe was treated as it one-dinºcn`ional 
problem, and that in a normal heat pipe as it two-dimensional problem. Mathrnuºtiral 
theory and numerical method used for miniature and normal heat pipes were detailed. 
Numerical analysis was carried out to investigate the operating characteristics of' the 
selected heat pipes, i. e., two miniature and one mini heat pipes, and two normal heat pipes, 
which were characterized in section 4-2. It was found that: 
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" For either a miniature or a normal heat pipe, liquid cross-sectional area increases with 
height position above the filled liquid level in the evaporation section, decreases with the 
height in the condensation section, and remains constant in the adiabatic section. Vapour 
cross-sectional area varies at an opposite trend. 
4" For a normal heat pipe, axial vapour velocity varies in the same cross section, which is 
higher in the central area, and lower in the periphery area. The variation of the velocity 
across radial direction shows a parabolic shape. Along the height position, the axial 
velocity increases slightly in the evaporation section, remains constant in the adiatic 
section, and decreases in the condensation section. 
_; _"A radial vapour velocity exists 
in a normal heat pipe. In the evaporation section, the 
radial flow velocity is negative and its absolute value decreases gradually from the 
periphery to the centre area, which means an inward flow exists due to a constant 
injection from the interface of liquid/vapour phases. In the adiabatic section, radial flow 
velocity is zero, which means no radial flow exists due to absence of injection/ejection 
on the interface of liquid/vapour phases. However, in the condensation section, radial 
velocity becomes postive and its absolute value increases gradually from the central area 
to the periphery, which means an outward flow exists due to a constant ejection on the 
interface of the liquid/vapour phases. 
" Fora miniature heat pipe, The total vapour-liquid pressure difference is an important 
factor which affects the operation of a heat pipe. The total pressure difference was 
shown to be significantly larger at the bottom of the evaporator section and decreases 
with height position above the reservoir fill level. Increasing the width `b' of the 
miniature heat pipe, but with the cross-sectional area remaining constant, would reduce 
the flow resistance within the heat pipe, which results in reduced pressure differences. 
" For a normal heat pipe, inner wall pressure is higher than vapour pressure in the 
evaporation section, resulting in liquid vaporization, but lower than vapour pressure in 
the condensation section, resulting in vapour condensation. Liquid pressure is much 
lower than vapour and inner wall pressures as part of its static pressure is converted 
into velocity pressure, causing the fluid flow within the heat pipe. 
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" For either a miniature or a normal heat pipe, there are very little differences among 
vapour, liquid and wall temperatures, compared to the differences of vapour (liquid or 
wall) and heat/cool sources and heat conduction/convection mediums. This demonstrates 
that the heat pipes are excellent heat transfer devices, which could be operated at an 
approximately constant temperature. The major heat resistances occur in the heat 
conduction/convection mediums, resulting in significant variation of temperature within 
these areas. 
Lab testing was carried out to investigate the operating characteristics of the selected heat 
pipes experimentally. Two rigs were constructed for the testing of two types of normal heat 
pipes, i. e., the wicked and wickless ones. Quantities of heat transfer, as well as temperature 
distribution around the heat pipe outer surface were obtained through the testing, which are 
summarised in Tables 4-4 and 4-5. 
Comparisons between numerical predictions and testing results were carried out. It was 
found that the results from tests are in general agreement with numerical prediction when 
the test conditions are close to the simulation assumption. Although tests have been 
constrained to temperature, the comparison carried out supports the validity of the 
numerical model. 
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Chapter S. Heat Pipe Solar Collectors 
5.1 Design of the Heat Pipe Solar Collectors 
5.1.1 Thin Membrane Heat Pipe Solar Collector 
A thin membrane heat pipe solar collector was designed to collect and distribute heat by 
means of vaporisation and condensation of a heat transfer fluid. It comprised mainly of an 
evacuated housing containing an absorber, a reservoir at the lower end of the collector and 
a condenser panel on the top end of the collector. Two additional absorbers (narrow strip 
panel) attached on the main absorber body were irradiated with solar irradiation } 
concentrated by a lens on the outer cover, hence termed `super heat pipes'. A micro-pore 
insulation material, attained with an aluminium/foam plastic tray, was fitted beneath the 
absorber panel to reduce downward heat loss. A clear acrylic cover was mounted on the top 
of the evacuated housing, creating an enclosed space where a vacuum could be maintained 
to eliminate convection/conduction heat loss. Two elliptical glass covers were attained on 
the top of the evacuated housing to increase flux of solar irradiation, and the Fresnel lens 
were fitted to the covers to provide concentrated radiation on the attained absorber (super 
heat pipe) area. One version of this solar collector is illustrated in Figure 1-2 (Chapter 1), 
and the other is shown schematically in Figure 5-1 [Riffat S. B. et al, 2002]. 
The main body of the collector comprised two plates separated by a thin evaporation gap. 
The plates were `spot' welded together creating mini-channels (ribs) running parallel along 
the width of the absorber, as shown in Figure 5-2. Each mini-channel was considered to be 
a single `miniature' heat pipe, as has previously been investigated in Chapters 3 and 4 
using the analytical and numerical model developed. The miniature heat pipes connected 
the evaporation section to the condensation section of the collector to enable the flow of 
vapour refrigerant and condensed liquid refrigerant. 
Two types of thin membrane heat pipe solar collectors were designed. These are classified 
as `normal' and `artery' types termed according to the method of returning of the 
condensed fluid. In the case of the `normal' collector, condensed refrigerant is returned to 
the evaporation section along the sides of the miniature heat pipes by the combined effect 
of capillary and gravity forces. Part of the returned liquid is evaporated, as a result of 
absorbing solar irradiation striking the absorber surface, and the remainder is returned to 
the reservoir. This collector operates on the principle of miniature gravitational heat pipes 
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and hence is termed a `normal' miniature heat pipe collectors, see Figures 1-2. In the case 
of the `artery' collector, condensed refrigerant is returned to the reservoir via a tube. Liquid 
refrigerant from the reservoir flows to the evaporation section by capillary action. Il ere the 
refrigerant is vaporised, thus creating a continuous thermosyphon effect. This collector 
operates on the principle of miniature gravitational heat-pipes with additional artery, and 
hence termed `artery' miniature heat pipe collectors, see Figures 5- 1. 
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Figure 5-2. Schematic showing the cross section of the plate heat pipe (enlarged) 
5.1.2 Hybrid Heat Pipe Solar Collector 
A new type of hybrid heat pipe solar collector has been investigated. Calculations have 
been carried out using the analytical method described in Chapter 3 to estimate the 
performance of the heat pipes that were embedded in an evaporator plate of the hybrid 
collector. Since a normal heat pipe has much higher heat transport capacity than a 
miniature heat pipe, it was decided to use normal heat pipes for this application. 
Analytical simulation showed that wicked heat pipes have a lower heat transport 
performance than wickless heat pipes of the same size. However, as the heat pipe solar 
collector would be installed at a degree of inclination relative to the horizontal, wicked heat 
pipes would offer the advantage of assisting even distribution of the liquid over the inner 
surface of the pipes. Further investigation showed that geometry of the heat pipes is an 
important factor influencing thermal performance. Of the geometries investigated, the 
circular type was shown to have a larger heat transport capacity than the rectangular ones. 
It is therefore decided to use circular and wicked (or wickless) heat pipes as the basic 
element of the solar collector unit. In addition, 8mm was found to be a suitable diameter for 
this kind of heat pipe. 
The design of the solar collector casings was also carried out. The casings were constructed 
from aluminum frames, comprising an insulated bottom chamber and a top cover. Top 
cover consisted of an insulated, high performance double-glazing, or a thermo-clear 
polycarbonate sheets. The double-glazing has a low solar transmission of 0.5 but a smaller 
U value of 1.2W/m2. K, which would result in lower solar absorption and lower convective 
and conductive heat losses as well. The thermo-clear cover has a high solar transmission of 
0.85 and a relatively larger U value of 3. OW/m2. K, which would result in a higher solar 
absorption and relatively larger heat losses. The bottom chamber of the enclosure contains 
a number of channels to allow exhaust gas discharged from a boiler to pass through to 
improve the efficiency of the collectors, as well as provide a back up (or compensation) 
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when solar irradiation is unavailable (or low). Fibre-glass insulation was tittcd beneath and 
around the channels to reduce heat loss through the chamber. As heat 1'roni the sun and 
exhaust gas is collected, the unit is termed a `Hybrid Heat Pipe Solar Collector'. Schematic 
diagrams describing the structure of the collector are given in Figures I 
-3a, I -3h and I -3c 
(Chapter I ). 
Two types of' the collector were also designed IRiffat S. H. et all. Fach includes 20 heat 
pipes, and has the gross absorb area of' 2.4m2. The first one used wick less heat pipes with 
separate condensers, which have a larger diameter (20mm) than the evaporators (hnºni), 
and were connected to the evaporators by flexible hoses. The manil'old was tightly fixed on 
the condensers using clamps to ensure good surface contact and efficient heat Irºn`Fcr. The 
structure is shown schematically in Figure 5-3. The second type used wicked heat pipes, 
which have integrated bodies and therelorc no Physical separations between the 
evaporators and condensers. The manifold was connected to the condensers of the heat 
pipes using copper rods, which were drilled with co-axial cylinder cavities. heat transfer 
between the condensers and the manifold is largely dependent on the conductivity ()I- tile 
rods. The structure is shown schematically in Figure 5-4. 
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5-2 Analytical Model Set-up 
A number of heat processes exist in various areas of a solar collector, including the top 
cover, the evaporator plate and the condenser/manifold. The processes would proceed until 
balance states are achieved and would be inter-linked by developing a suitably-distributed 
temperature profile. The relations of the heat processes are shown schematically in Figure 
5-5. 
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Figure 5-5. Schematic diagram showing relation of heat balances in 
different parts of a solar collector 
/heat process in the top cover 
for a given collector area and total solar irradiation, the heat striking the absorber surface 
may be expressed as: 
ý)ýnridvnr 
= Zq ac ,nA, 
, 
The heat absorbed by the top cover may be expressed as: 
ýýrdn 
I 
(1 In A, 
and heat reflected to atmosphere is given by: 
(5-1) 
(5-2) 
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Q, 
e1 =(1-a8 -zg)IA8 (5-3) 
Since the absorptivity of the absorber is not 100%, a small part of the heat would return to 
the top cover area. Part of the reflected heat would be absorbed by the cover, and the 
remainder would re-enter the absorber chamber, which would establish long-wave radiation 
or heat convection between the cover and absorber. The additional heat absorbed by the top 
cover due to reflection from the absorber may be expressed as: 
Qans2 =c 2(1-a, )rs1nA, (5-4) 
The overall heat absorption of the top cover may be written as: 
Qabr 
= 
Qaba1 + Qabs2 (5-5) 
The absorbed heat is dispersed to the surroundings or (and) absorbing surface by 
convection, conduction or radiation in order to achieve a heat balance. Heat dissipation to 
the surroundings occurs mainly by the combined effect of conduction and convection, and 
may be expressed as: 
As (t8, 
- 
ta) I(ög / 2k2 +1/ h2) (5-6) 
Heat transfer between the top cover and absorber may be complex. If the absorber chamber 
were perfectly evacuated, heat transfer between the top cover and absorber would only be 
induced by radiation, which may be expressed as: 
Qcover-absorber 
=QAg((273+te; )4 
-(273+ t3)4)1(1/E, +1/e8 -1)=A1(t, -t<, )/(ö/2k1)(5-7) 
However, if the chamber were not evacuated, heat transfer between the top cover and the 
absorber will be a combined effect of conduction, convection and radiation, and may be 
expressed as: 
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Qcover-absorber 
= 
k(A, +A8)(t; 
-ts)/2+QAg((273+tc; )4 -(273+ t, )°)/(1/e, +1/e2 -1) 
= A, (t8, 
-týj)/(S/2kg) (5-8) 
It should be noted that if the top cover inner surface temperature td is higher than the 
absorber surface temperature tg, heat flow will be directed toward the absorber surface, and 
Qcova. absab« is positive. Otherwise, heat flow will be directed to the top cover, and Q00"a. 
, b&*bcris negative. J 
The heat balance existing in the top cover may be expressed as: 
Qabs 
= 
Qcov 
er-absorber 
+ Qup, loss 
(5.9) 
cleat process in the absorber (evaporator) plate 
Heat reaching the absorber plate comes mainly from one of the following two sources: the 
sun or the exhaust gas, or both. Part of the heat will be transferred to the working fluid 
through the flat plate and heat pipe wall, which causes the liquid to vaporise and this is 
therefore termed the effective heat input. The remainder will be dispersed to the 
environment through the top cover and bottom casings, resulting in heat losses due to 
conduction, convection and radiation. 
There are temperature differences in the absorber area, which result in heat transmission 
from the flat plate to the pipes, or from one part to another part of the area. However, these 
differentials are small as both the plate and pipes are made of copper 
- 
an excellent heat 
conductor. In order to simplify the thermal analysis, the differentials are considered to be 
negligible and thus the absorber surface is assumed to be at the same temperature over the 
whole area. 
If Qcov«. absorax is negative, the absorber has an upward heat loss. If Qcover. absorber is positive, 
the absorber has a downward heat addition from the top cover. The heat flow has been 
described in Eqs. 5-7 and 5-8. 
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If the collector is not fitted with the channels allowing exhaust gas to pass through, such as 
the structures of Figures 1-2 and 5-1, insulation materials are directly placed below the 
absorber panel, and above the supporting frame. The downward heat loss will be: 
Qdo, 
n Jo = Ad (t, -ta)/(8 /k, +Sf /k f +1/h2) (5-10) 
In addition, small part of side-wall loss exists with the configuration. However, the loss is 
negligible compared to the other losses, as the side-wall area is small and well insulated. 
Actual heat obtained by the absorber (evaporator) plate is then expressed as: 
Qobf 
= 
Qin 
cident 
+ Qeov 
er-absorber - 
Qdown, 
(oss (5-11) 
However, if the collector is fitted with channels allowing exhaust gas to pass through, such 
as the structure of Figure 1-3, there will be heat transfer between the flue gas, absorber 
panel and surroundings. The heat transfer process is shown in Figure 5-6. 
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Figure S"6. Schematic diagram showing fluid flow and heat transfer In 
exhaust gas flow channels beneath the heat pipe panel 
The exhaust gas passes through a number of adjacent rectangular channels and heat transfer 
occurs through the enclosure walls. To simplify the analysis, the adjacent channels are 
treated as a continuous, straight channel. The heat transfer between channel flow, absorber 
and enclosure walls may then be expressed as follows [Yang S. et al, 1998]: 
- 
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IlmAjEtml + hmAdwetm2 = m3Cps(tf, 
-rf ) = Qgas-heat-obtain + Qdown-loss (5-12) 
Where ms is the mass flow rate of the flue gas; tf' and tf" are the temperatures of flue gas at 
inlet and outlet; Ag and Ad,, are the areas of the absorber and the bottom casings 
respectively; and Atml and Ot2 are the average calculation temperature differences between 
flue gas and absorber, and that between flue gas and inner surface of the enclosure walls 
respectively, which could be expressed as follows: 
'-  
Otm, 
- 
tJ/ 
t 
tf 
tf 
(5-13) 
In( I ) 
tf 
-t, 
._ II 
At, 
2 = 
tf 
, 
tf (5-14) 
In(tf tw2 ) 
tf 
w2 
The heat loss through the bottom chamber could also be written as: 
Qd,, 
wn, bat 
- 
Adw (tw2 
- 
ta) /(8t 1 ki +1/ h2) (5-15) 
hm is the convective heat transfer coefficient and is largely dependant on the flow of the 
flue gas in channels. Since this flow is normally turbulent, hm may be computed using 
Dittus-Boelter formula [Yang S. et al, 1998], which may be written as follows: 
Nut = 0.023 Re f°'$ Prf" (5-16) 
If the gas flow is heated by the side-walls, then n=0.4. Otherwise, n=0.3. The formula is 
most suitable for the situation with medium temperature difference, i. e., 50"C or less. In 
this case the mean temperature of the gas flow is taken as the character temperature, and 
the inner diameter of the channel is taken as the character length. For the rectangular 
channel, an equivalent diameter is used and this may be written as follows: 
d= 4A` 
P 
(5-17) 
For the situation with a higher temperature difference, a correction factor, ct, is defined as 
follows. The factor is added to the right side of the formulae 5-13 and 5-14. 
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If the gas flow is heated by the side walls of the flow channel, then 
T 0.5 (5-18) c1 = 
(T. 
Otherwise, c1 =1. 
It is difficult to solve the coupled equations governing the heat transfer between the flue 
gas, absorber panel and ambient, as several parameters are undetermined. It is therefore 
necessary to assume values for some parameters, such as tf ', and use a trial-and-error 
method for the solution-solving process. The algorithm used in the solving process is 
described as follows: 
i) Given an assumed value for tr", calculating the overall heat output; 
ii) Calculating hm by using Eqs. 5-16 to 5-17; 
iii) Calculating Atml by using Eq. 5-13; 
iv) Calculating Ata by using Eq. 5-12; 
v) Calculating tw2 by using Eq. 5-14; 
vi) Calculating Q 
,,,, ß, 
_I. 9 by using Eq. 5-15; 
vii) Comparing the values of hmAdwOtm2 and Qdown. loss, If (hmAd,, Atrr2 
- 
Qdown. ioss )! 
hmwAtn, z > 0.05, then increase tf" by 1%, and return to step i) for re- 
calculation. If (h,,, AdwMtffa 
- 
Qdown_ios, )/ hmAjwAtiii2 < 0.05, then reduce tr ' by 
1%, and return to step i) for re-calculation. Otherwise, the accuracy of 
calculation is deemed to be satisfactory. A relatively larger error allowance, i. e., 
5%, was used because a smaller error allowance was found unable to produce a 
converged solution. 
The heat obtained by the absorber (evaporator) plate may then be expressed as follows: 
Qobt 
= 
Qincident + Qcover-absorber + Qgas-heat-obtain (5-19) 
The obtained heat should be transferred to the heat pipes, causing evaporation of the 
operating fluid inside the pipes. However, if the heat transport capacity of the heat pipes is 
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not large enough to transport such an amount of heat, then part of the heat will be dispersed 
to the surroundings via the top cover and metal surface of the chamber, resulting in a 
change of temperature over the absorber area. 
To investigate the heat transfer of a heat pipe solar collector, it is necessary to determine its 
heat transport limitation. The limit of heat transport capacity for a single heat pipe may be 
determined by using the analytical model illustrated in Chapter 3. The maximum heat 
transport capacity of the collector may then be obtained as: 
Q111 
= nQlim (5-20) 
Where n is the number of heat pipes included. If Qobt is less than Q.,,. then the heat 
obtained will be transported without any restriction. However, if Q, T, ax is less than Qnt, then 
part of the obtained heat will be dispersed to the surroundings, resulting in reduced heat 
removal, i. e., Q... In this case, the temperature of the absorber surface would be adjusted 
automatically until a new thermo-equilibrium is achieved. This new balance may be 
expressed as follows: 
For the collector without flue gas channels: 
min(Qmax'Qobt) = Qobt, 
real 
= 
Qineident +Qcover-absorber 
- 
Qdown, 
loss 
ý5ý21 
For the collector with flue gas channels: 
min(Qmau + Qobt) = Qobt, real = 
Qincident + Qcover-absorber + Qgas-heat-obtain (5-22) 
feat processes in the condensers and manifold 
The heat obtained from the absorber, Qobt, real, will be transported to the cooling fluid 
passing across manifold through evaporation and condensation of the working fluid in the 
heat pipes. There are several heat resistances in this process, namely, the evaporator wall 
resistance, the equivalent resistance of the working fluid and wick in the evaporator, the 
vapour flow resistance, the equivalent resistance of the working fluid and wick in the 
condenser, and the condenser wall resistance. These resistances may be expressed as 
follows [Dunn P. D. and Reay D. A., 1982]: 
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Evaporator wall resistance: RP, = ro 
e ln(ro / r) 
2L k 
(5-23) 
ep 
Evaporator saturated wick resistance: Rw, e = 
r. 2 ln(r, / r, ) 
2L, ke 
(5-24) 
Vapour flow resistance: _ ro2FTv 
(L, /+L,, +4/ 6) (5-25) 
P, 
s 
Condenser saturated wick resistance: RW = 
r° 12L 
kl 
r" 
° (5-26) 
,, 
r21n(? /r, ý) Condenser wall resistance: Rp, c = 2L,,, (5-27) 
, 
kp 
Total resistance: R= Rp e+R,,,, + Rv + R, r + RP. c (5-28) 
For a single heat pipe, heat transportation from the evaporator outer surface to the 
condenser outer surface may be written as: 
Qhpa 
=2z702(tpt 
-t 
,)/ 
%2 (5-29) 
The heat will be transferred to the cooling liquid by heat conduction through the manifold 
wall, and heat convection between the manifold wall and the cooling liquid. The cooling 
liquid will be heated when flowing through the manifold channel, which is tightly fixed to 
the heat pipe condensers by means of clamps. For an inlet temperature given as to, a 
temperature increase At, (ti-to) will be achieved after the fluid passes around the first heat 
pipe due to heat absorption from the pipe. The fluid temperature increases gradually along 
the flow direction due to continuous heat injection from the parallel-array of heat pipes. 
The heat transfer between a single heat pipe and the cooling liquid may be expressed as: 
A0 (rp. ý -(rr-1 +t")/2) Q10n. i =81= Cp., m(t, - ti-1) = 
Qhp. 
r 
(5-30) 
con + 
kC0 
"-z 0 
-109- 
Neill pipe solar collectors 
h,,,,, is the convective heat transfer coefficient of the cooling fluid, which is largely 
dependent on the velocity of fluid passing over the surface and the cross-sectional area as 
well as the geometry of the flow channel. For the collectors indicated above, the flow of the 
cooling liquid flow and the manifold geometry are shown schematically in Figures 5-7,5-8 
and 5-9. 
Figure 5-7. Schematic diagram showing cooling liquid flow and manifold geometry 
in the thin membrane heat pipe solar collector 
Manifold 
cooling Fluid 
Figure 5-8. Schematic diagram showing cooling liquid flow and manifold geometry' 
in the hybrid heat pipe solar collector 
- 
wickless type 
a 
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For the situation of Figure 5-7, cooling liquid flow may be treated as the flow in a channel 
with internal and external walls. The flow is subject to a constant heat injection from the 
internal walls, but the heat transfer through the external walls is negligible. For the 
situations of Figures 5-8 and 5-9, cooling liquid flow may be treated as half of the annular 
flow. To solve for the convective heat transfer coefficient, h,.,,,,, the channel needs to treatc(l 
as an annular geometry rather than a semi-annular one, and correspondingly, heat flow 
from the inner wall needs to be doubled to suit this treatment. Heat transfer through the 
outer walls was negligible as a satisfactory insulation was provided. For both situations, 
calculation of h,,,, could be carried out using the annular flow model I lncropera Frank P., 
1997 J, as shown schematically in Figure 5-10. 
Nu 
= 
h",, DI' (5-31) 
khl 
D,, 
= 
D,, 
- 
D; (5-32) 
D, is the hydraulic diameter of the internal wall of the 
flow channel, and D is that of the external wall of the 
flow channel. For the situation shown in Figure 5-8, 
if b» (a2-ai) then: Figure 5-10. Annular channel flow model 
Figure 5-9. Schematic diagram showing cooling liquid flow and manifold geometry 
in the hybrid heat pipe solar collector 
- 
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Do=a2 
D; =a1 
However, if b/( a2-al) < 10 then: 
_ 
2a, b D' (a, + b) 
Table 5.1. Nusself number 
Di/Do Nu. 
0 3.66 
0.05 4.06 
0.10 4.11 
0.25 4.23 
0.50 4.43 
1.00 4.86 
D_ 2a2b 
° a2+b 
Cooling liquid flow in the manifold is fully developed laminar flow, which has a Reynolds 
number less than 400 due to its very low velocity and the relatively large cross-sectional 
area. For this case, Nu. may be obtained from Table 5-1 [Incropera Frank P., 1997]. 
For a single heat pipe, given the inlet temperature ti. l, the outlet temperature t1 may be 
obtained by solving Eq. 5-30. For the whole condenser/manifold configuration, the overall 
heat transfer may be expressed as: 
Qcon 
= 
Qon, 
l + 
Qcon, 
2 + "" + 
Qcon, 
n 
= 
Cp, 
1m(tn - t0 (5-33) 
Quo should be equal to Qobc, real according to the principle of heat balance. Eqs. 5-23 to 5-33 
may be used to solve for the outlet temperature and the mean temperature of the cooling 
water, as well as the temperatures in different parts of the heat pipe panel. 
Computer model set-up 
The three heat processes described above are actually inter-linked by a well-developed 
temperature layout. The algorithm used for the model setting-up is indicated as follows: 
1. Given the collector configuration, geometrical and thermodynamic parameters of the 
collector unit are determined; 
2. Given the incident radiation and ambient temperature, the heat striking the absorber is 
determined. 
3. Given the manifold configuration, as well as the cooling liquid flow condition, 
geometrical, thermodynamic and flow parameters of the cooling fluid are determined; 
4. Assuming an absorber temperature ts, heat analysis is carried out as follows: 
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" Heat balance of the top cover could be analysed by using Eqs. 5-1 to 5-9, which 
results in solution solving of the inner surface temperature of top cover tci, 
" Heat balance of the absorber (evaporator) plate could be analysed using Eqs. 5-10 
to 5-22, which results in solution solving of the absorber heat gain, Q, bt. 
" Heat balance of the heat pipes, and condenser/manifold pair could be analysed 
using Eqs. 5-23 to 5-33, which results in solution solving of the heat gain of the 
cooling water passing through the manifold, as well as the temperature layout in 
different areas of collector. 
5. If (Qobt 
- 
Qcon)/Qobt > 0.5% (error allowance), then increase t, by 0.1°C, and return to 
step 4 for re-calculation. 
6. If (Qobt 
- 
Qco)/ Qobt <- 0.5% (error allowance), then decrease t3 by 0.1°C, and return to 
step 4 for re-calculation. 
7. If 
-0.5% c(Q,, bt - Qcon )/ Qobt c 0.5%, heat balances in the whole system, as well as 
different areas of the system, are achieved. 
8. Calculating the cooling water temperature at the outlet and different points along the 
flow channel, as well as the temperatures at different areas of the collector. 
9. Program stops. 
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5.3 Modelling Processing and Result Discussions 
The data obtained by running the computer program could be used to evaluate the thermal 
performance of a solar collector. For a normal solar collector, its performance is usually 
evaluated using efficiency il, which is defined as the ratio of heat taken from the manifold 
by the cooling liquid, and the incident irradiation striking the collector absorber. However, 
in the case of the hybrid solar collector, another efficiency, tai, will also be used for 
performance evaluation. This efficiency is defined as the ratio of heat taken from the 
manifold by the cooling liquid, and the sum of the incident irradiation striking the collector 
absorber and the heat from exhaust gas. In this case, exhaust gas heat means the potentially 
available energy contained in the gas, which is a value in relation to the energy of ambient 
air, and may be expressed as: 
Qlas = Cp, P, Lt f '-CpaPaLta (5-34) 
il and TIl vary with a number of external parameters, including global solar irradiation I,,, 
ambient temperature ta, as well as cooling fluid inlet temperature to and mass flow rate m. 
These parameters may be grouped by a specially-defined parameter, termed, (tx: an-t, )/I,,; 
whereby t,. m is the average temperature of the cooling fluid and may be written as: 
tontan 
= 
(to +t) (5-35) 
2 
il and ill are usually expressed as the function of (t,,, ean-ta)/1n, as follows: 
77 I =_70_a(tmeaf-ta) 
(5-36) 
U l I. 
%1 
= 
17Ol 
-ail(tmraf-ta) (5-37) In 
where to (tool) and al (all) are the collector character parameters. 
In addition to external conditions, collector structures, i. e., internal conditions, also have an 
essential impact on performance. The heat pipes and absorber plate are the major 
components influencing collector efficiency. For the thin membrane heat pipe solar 
collector, the absorber is made of two pieces of steel plates, which are `spot' welded 
together creating 22 mini-channels (ribs), termed miniature heat pipes. The previous 
iý#. ýý p', 
t 
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analytical investigation showed such a single pipe had a heat transport capacity of 50W 
when it was operated at 80°C and installed with the inclination of 60deg relative to 
horizontal. Thus the whole panel would have an overall heat transport capacity of 1,100W, 
which is much higher than actual solar input (less than 250 W). For the hybrid heat pipe 
solar collector, the absorber is incorporated with a total of 20 wicked (or wickless) heat 
pipes of diameter of 8mm. Each of the pipes was found to have a heat transport capacity of 
120W based on the investigation carried out in Chapter 3. Thus the whole panel would 
have an overall heat transport capacity of 2,400W, which is still higher than the actual solar 
input (less than 2,200W). These analyses demonstrate that the heat pipes selected allow the 
solar energy received to be transported without restriction under the given operation 
conditions. 
These two collectors under consideration use the same coating material, called Maxorb- 
Nickel foil, on their absorber surfaces. The material has solar absorptivity of 0.95-0.99, and 
a long-wave emittance of 0.08-0.11 [Yagoub WKA, 1999]. These are very favourable to 
solar absorption and act to enhance collector efficiency. 
The top cover is another important component influencing collector performance. A top 
cover is usually a clear and transparent material, which has a high transmittance and a low 
U (heat transfer coefficient) value. Five top cover configurations are investigated in this 
section. These are: 
" An acrylic cover fitted on an evacuated chamber; 
" An acrylic cover fitted on an un-evacuated chamber; 
"A double-glazing cover fitted on an un-evacuated chamber; 
"A 10mm polycarbonate cover fitted on an un-evacuated chamber; 
"A 16mm polycarbonate cover fitted on an un-evacuated chamber. 
The condenser area, the manifold structure, and the cooling liquid flow velocity, also 
influence heat transfer. A number of condenser/manifold configurations are investigated in 
this section. These are: 
" The configuration shown in Figure 5-7, whereby the length of the manifold varies 
but the length of the condenser remains constant. 
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" The configuration shown in Figure 5-8. 
" The configuration shown in Figure 5-9. 
For the hybrid solar collector, its efficiency is also influenced by the channel geometry and 
flue gas properties, such as mass flow rate, and inlet and outlet temperatures. Both i and i, 
are used to evaluate the performance of the collector. However, to enable performance 
comparison between normal collectors and the hybrid collector. TI is normally used as the 
major index. 
5.3.1 Thin membrane heat pipe solar collector 
A prototype thin membrane heat pipe solar collector was constructed following the design 
scheme. However, a major simplification was made, i. e., avoiding the use of elliptical 
covers and Fresnel ens, in order to simplify manufacture. The top cover may be one of the 
five configurations illustrated in Table 5-2. The miniature heat pipes were used as the basic 
elements of the absorber panel. The specifications of the panel/pipcs configuration are 
shown in Table 5-3. A number of condenser/manifold configurations were also considered, 
as shown in Table 5-4. 
External parameters were given by duplicating the real testing conditions, shown in Table 
5-5. This enables comparison among the theoretical and experimental results to be made. 
Table 5-2. Specifications of the top covers and their solar optical & thermal parameters 
Parameter i8 as refs sg U, W/m 
. 
"C 
Cover (transmit. ) (absorpt. ) (reflectivity) (emmitance) Ra, m2. °CA'V 
condition 
1. single acrylic cover with 0.8 0.08 0.12 0.88 5.9 
a vacuum chamber 
00 
2. single acrylic cover with 0.8 0.08 0.12 0.88 5.9 
a chamber un-vacuumed 0.18 
3 double-glazing cover 0.5 0.21 0 29 0 88 1 2 
with a chamber un- . . . 0 18 
vacuumed . 
4 10mm polycarbonate 0.85 0.07 0.08 0.88 3 
cover with a un-vacuumed 0 18 
chamber 
. 
5 16mm polycarbonate 0.82 0.07 0.11 0.88 2.4 
cover with a chamber un- 18 0 
vacuumed . 
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Table 5-3. Specifications of the heat pipes and absorber panel 
Absorpvity of absorber 0.95 Thermal conductivity of 0.0015 
surface, a, bottom plate, kf. W/ 
m. °C 
Reflectivity of absorber 0.05 Thickness of bottom 0.0015 
surface, ref` plate, SP, m 
Emmitance of absorber 0.1 Number of heat pipes 22 
surface, eg 
Absorber area, A, 0.24 Equivalent diameter of 0.002 
heat pipc(inner) d,,. m 
Unshaded absorber 0.233 Length of evaporator 1,.. 1 
area. A, r m 
Heat resistance of inner 0.12 Length of condenser hp, 0.1 
surface, R, m2. °GW m 
Heat resistance of outer 0.06 Thermal conductivity of 43 
surface, Rte,,, m2°C/W heat pipe wall. X W/ 
m. °C 
Thermal conductivity 0.005 Thickness of heat pipe 0.001 
of insulation layer 1, wall, S* m 
k. 1, W/ m. °C 
Thickness of insulation 0.025 Thermal conductivity of 0.68 
layer 1, m liquid film on heat pipe 
inner wall, 
, 
W/ m. °C 
Thermal conductivity 0.046 Equivalent diameter of 0.00196 
of insulation layer 2, vapour column in 
k,,,. W/ m. °C evaporator d, m 
Thickness of insulation 0.005 Equivalent diameter of 0.0019 
layer 2. S, a2, m vapour column in 
condenser d, m 
Table 5-4. Specifications of the condenser/manifold configurations 
Condenser/manifold 1.100% of the orginal size 2.75% of the original 3.50% of the original size 
conditions size 
heat transfer area in 1 884e-3 1 413e-3 992c-3 0 
condenser/manifold . . . 
. 
m2 
Thickness of the 0.001 0.001 0.001 
manifold wall, 8.., m 
Thermal conductivity 43 43 43 
of the manifold wall, 
W/ m. °C 
Mass flow rate of 30 30 30 
cooling liquid ms, kg/h 
Cross ectional rea of 0.0014 0.00105 0.0007 
cooling liquid flow, 2 
,, r m 
Width of inner wall of 0.006 0.006 0.006 
the manifold a, m 
Width of outer wall of 0.03 0.03 0.03 the manifold a2, m 
Table 5-5. Summary of the external parameters 
In, W/m 1033 1033 1027 998 1031 949 962 968 
t,, °C 19.1 19.9 20.3 21.3 22.5 17.7 18.3 18.9 
mg, kg/h 30.1 30 30 30.1 30.1 30.1 30.2 30 
t;,,, t, "C 17.1 17.2 17.4 54.9 55.0 79.4 79.5 79.7 
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Comparison of different cover conditions 
tI 
- 
(tnxan-ta)/In relations for different top cover conditions were investigated using the 
computer model developed, and the results are shown in Figure 5-11. Of the five cover 
configurations, the evacuated one has the highest efficiency, which results in the largest 
heat output, and the single acrylic with an un-evacuated chamber has the lowest efficiency, 
resulting in the smallest heat output. Although the polycarbonate has a higher U value than 
the double-glazing which may lead to more heat loss from the cover, it still performs better 
than the double-glazing. The major reason for this is that the polycarbonate sheet has 
higher solar transmittance than the double-glazing one, which would result in higher solar 
absorption. Due to difficulty in creating an evacuated condition for the chamber, a thermo- 
clear polycarbonate cover fitted for an un-evacuated chamber may be a better option. 
Theoretical investigation showed that the efficiency curve for this situation is close to that 
of the evacuated one. 
For any cover condition, i decreased while (t,,, ýan-ta)/Iý increased. The relation of i and 
was approximately linear, which is shown in Figure 5-11. The character 
parameters for the five cover conditions are listed in Table 5-6. 
Table 5-6. Characterstic parameters for the efficiency- (tmean 
- 
ta)/Ih curves under 
different ton covers 
Cover ý. Cover Cover Cover Cover Cover lion 
F 
condition 1 condition 2 condition 3 condition 4 condition 5 
ma tern 
110 74.41 61.234 66.460 72.145 72.576 
acs 105.39 376.9 106.54 240.54 198.86 
Comparison of different condenser/manifold conjIjiurations 
tl 
- 
(t,,, Ce-te)/I relations under different condenser/manifold conditions were investigated 
using the computer model developed, and the results are shown in Figures 5-12. Changing 
length of the condenser, resulting in changing of heat transfer area, was found to influence 
the collector efficiency. For any cover condition, the longer the condenser, the larger the 
heat transfer area, and hence the higher the efficiency. However, increasing length of the 
condenser may be limited by a few factors, such as the installation space etc, for most 
applications. In this case, length of the condenser was selected as 10% of the length of the 
evaporator, as the cooling liquid, i. e., water, has higher heat transfer rate than air for the 
evaporation section. 
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5.3.2 Hybrid heat pipe solar collector 
Two types of hybrid heat pipe solar collectors have been investigated; one incorporated 
with wickless heat pipes, and the other incorporated with wicked ones. The structures of 
the collectors are described in section 5.1.2. The top covers were designed with 2 different 
options, i. e., double-glazing or 10mm polycarbonate sheet, as indicated in Table 5-2. The 
character parameters of the heat pipes are detailed in Table 5-7. Two condenser/manifold 
structures were employed; one for the wickless type, and the other for the wicked type. 
Their geometrical and thermal parameters are listed in Table 5-8. 
Table 5-7. Summary of heat pipes and absorber panel parameters 
- 
hybrid heat pipe 
cnlnr rnllortnr 
Absorpvity of absorber 0.95 Number of heat pipes 20 
surface, a 
Reflectivity of absorber 0.05 Diameter of heat pipe(outcr) 0.008 
surface, refs in evaporator section d,,, m 
l: mmitance of absorber 0.1 Length of evaporator %,, m 1.7 
surface, 9g 
Absorber area, A. 2.4 Length of condenser lm,,, m 0.2 
Unshaded absorber 2.21 Length of adiabatic section 0.07 
area, A« l"m 
Air heat resistance of 0.12 Diameter of heat pipe(outer) 0.008 for wicked 
surface, Ri, inner in condenser section d*, m 0 02 for wickIcss 2 
. 
Air heat resistance of 0.06 Thermal conductivity of heat 401 
outer surface, R pipe wall, k1, P, W/ m. °C 
m2. °C/W 
Thermal conductivity 0 005 Thickness of heat pipe wall, 0.00376 
of insulation layer 
, 
k; 1, 
. Shp, M 
W/ m. °C 
Thickness of insulation 0.025 Thermal conductivity of 0.5 for wicked layer, 511, m liquid film on heat pipe inner 
° 
0 68 for wickless wall, kw W/ m. C . 
Thermal conductivity 177 Diameter of vapour flow 3.752e-3 
of bottom plate, k,, W/ cross section in evaporator 
m. °C d,,, m 
Thickness of bottom 0.002 Diameter of vapour flow 3.752e_3 for wicked 
plate, 6f, m cross section d., m 1.094e-3 for wiekless 
External parameters were given by duplicating the testing conditions to enable the 
comparison among the theoretical and experimental results. These could be classified into 
three broad categories, i. e., solar-only operation, solar-exhaust gas combined operation and 
solar, exhaust gas and boiler combined operation. Details of the conditions are outlined in 
Table 5-9. 
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Table 5-8. Summary of condenser/manifold structure conditions 
Condenser/manifold Wicked 1 Wicked 2 Wickless 1 Wickless 2 
conditions 
Pleat ransfer area in 0 006 0.012 3.5325e-3 7.065e-3 
condenser/manifold . 
m2 
Thickness of the 1.5e-3 1.5e-3 1.5e-3 1.5e-3 
manifold wall, 5,,,. p, m 
Thermal conductivity 110 110 110 110 
of the manifold wall, 
k.,,. W/ m. °C 
Mass flow rate of 168 168 168 168 
cooling liquid m, kg/h 
Cross ectional rea of 3.998e-4 7.996e-4 3.999e-4 7.999c-4 
cooling liquid flow, 
mz 
Width of inner wall of 0.012 0.012 0.012 0.012 
the manifold a, m 
Width of outer wall of 0.020 0.020 0.020 0.020 
the manifold a2, m 
Tnhln 
_S. 9_ Summarv of the external narameters 
ammeter 
Case 
I. W/m t,;,, °C mg, kg/h ti,,, ot, °C L. Q, 1, M '/s ty1,,, 
Solar only 700 9 168 10-25 
- - 
Solar-gas 720 11 168 9-24 0.035 92 
Solar-gas-boiler 400 11 168 88-100 0.035 114 
Case 1. Solar-only operation 
Comparison of different tunes of solar collectors 
il 
- 
(t,,, ýa-ta)/In relations for two types of solar collectors (wickless and wicked) were 
investigated using the computer model developed previously, and the results are shown in 
Figures 5-13. Although the wicked collector was fitted with cavity-drilled copper rods 
between the condensers and the manifold which may introduce an extra heat resistance to 
heat transfer, the wicked version has a higher efficiency than the wickless collector. This is 
due to the wicked collector having a larger heat transfer area in the condensation section 
than the wickless collector. This indicates that the heat transfer area is an important 
parameter imposing a substantial effect on collector performance. 
For any type of collector, 1 decreases while (t ai-ta)/Iý increases. The relation of il and 
is expressed by a second-order equation, which is shown in Figure 5-13. 
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Since the wicked collector is superior in performance to the wickless one, subsequent 
investigations focuse on the wicked type. 
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Comparison of different cover confaurations 
71 
- 
(tmca°-ta)/I relations for the two top cover configurations were investigated using the 
computer model developed, and the results are shown in Figure 5-14. Although the 
polycarbonate cover has a higher U value (3W/m2. °C) than the double-glazing (1.1 
W/m2. °C) which may lead to a larger heat loss to the ambient, the collector with the 
polycarbonate cover still perform better than the one with double-glazing cover. This is due 
to the higher solar transmittance (0.85) of polycarbonate compared to double-glazing (0.49) 
leading to greater heat absorption. This demonstrates the greater impact of solar 
transmittance on heat efficiency compared to U value. 
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- 
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y= 
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Comparison of different condenser/manifold confb! urations 
T1 
- 
(trwan-ta)/In relations for different condenser/manifold configurations were investigated 
using the computer model, and the results are shown in Figures 5-15. Effective length of 
the condenser is hereby used to evaluate the performance of the condenser/manifold 
configuration, and this is defined as the length of the part that the condenser and the 
manifold are in common. Increasing the effective length of the condenser results in an 
increase of the heat transfer area between the manifold and the condenser, and leads to an 
increase of collector efficiency. 
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Case 2. Solar-exhaust gas combined operation 
The collector incorporated by wicked heat pipes, fitted with a 10mm thick polycarbonatc 
cover and having a 160mm long effective condenser section, was investigated. Two 
efficiencies, il and ill, were calculated using the computer model and the results arc shown 
in Figure 5-16. As in the previous cases, r and ill decrease while increases. 
Compared to the case of solar-only operation, r increases by around 40% and achieves 
100% to 120%. This demonstrates that utilising waste heat from exhaust gas could enhance 
collector efficiency significantly. The other efficiency parameter, rli, is still low (around 
35% to 45%), as the waste heat from exhaust gas was considered as a heat input. 
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Case 3. Solar, exhaust gas and boiler combined operation 
This collector could work in conjunction with a boiler in order to provide heat required for 
a CUP system operation. The boiler is able to produce a large amount of heat that could 
quickly raise the temperature of water to 90°C to 100°C. Part of the return water passed 
through the manifold to absorb heat from solar and exhaust gas inputs via the collector, and 
the remainder was compelled to by-pass the collector as the water flow rate in the system 
was so high that it was not possible to pass all of water through the collector manifold. The 
two diverted water flows were then merged before being delivered to the boiler for further 
heating. The collector was thus linked to a massive system, which has relatively large heat 
capacity than what the collector could provide. 
As for the situation of case 2, two efficiencies, il and ill, were calculated using the 
computer model, and the results are shown in Figure 5-17. It can be seen that as in the 
solar/gas case il and ill decrease while (tmcan-t, )/In increases. Compared to the case of solar- 
-125- 
Heat pipe solar collectors 
gas combined operation, 1 decreases by around 60% and drops to 25% to 50%, and ill 
drops to even lower level (around 5% to 15%). This demonstrates that increasing the inlet 
water temperature would lead to a significant reduction of collector efficiency. If more heat 
is required for CHP operation it would therefore be necessary to increase the number of the 
solar collectors. 
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5.4 Experimental Testing 
5.4.1 Thin Membrane Heat Pipe Solar Collector 
A prototype thin membrane heat pipe solar collector was tested at the laboratory of 
Fraunhofer Institute for Solar Energy System (ISE) in Germany, by complying with the 
European Standard of prEN 12975: 1999 [Rommel Matthias, 2000]. Photographs of the 
tested collector are shown in Figure 5-18(1) and 5-18(2). The collector has a gross area of 
0.4m2, of which 0.255 m2 is the absorber area, and the rest the condensation area. The 
absorber area is also not completely utilised because of the edge effect, and the un- 
shadowed area is only 0.233m2. 
An outdoor climate was manually created in the Lab space. The wind speed was measured 
at the middle area of the collector module, 5cm above the transparent cover, and adjusted to 
3m/s by using a ventilator. Special optical bulbs were scatter-distributed at the dome area to 
simulate the global solar irradiation. Photographs of the testing rig and laboratory layout 
are shown in Figures 5-19 (1) and 5-19(2), respectively. 
Water was used as the cooling liquid, which passed through the collector manifold at the 
rate of 30kg/h during the period of testing. 
Test conditions complied well with the European Standard prEN 12975: 1999, which arc 
indicated in Table 5-10. Test results obtained were used to calculate collector effciency, as 
shown in Table 5-10 as well as Figure 5-20. The character parameters indicating the 
collector performance are given as: 11o= 0.6969; a1= 3.5333; a2 = 16.581. 
Table 5.10. Test results for the thin membrane heat pipe solar collector 
1, 
W/m2 
Idiftuse 
W/m2 
to 
°C 
ms 
kg/h 
tinlet 
°C 
toutkt 
°C 
toutkt 
- 
t*t, °C 
tmcan 
°C 
(tmean ti/ln 
0C. m2/W 
11 
1033 85 19.1 30.1 17.1 21.8 4.7 19.5 0.0003 0.6847 
1033 87 19.9 30 17.2 22.1 4.9 19.7 
-0.0002 0.7073 
1027 90 20.3 30 17.4 22.2 4.8 19.8 
-0.0005 0.7006 
998 121 21.3 30.1 54.9 58.6 3.7 56.7 0.0335 0.5561 
1031 135 22.5 30.1 55 58.8 3.8 56.9 0.0333 0.5578 
949 110 17.7 30.1 79.4 81.8 2.4 80.6 0.0663 0.3869 
r9-6'2. - 109 18.3 30.2 79.5 82.1 2.5 80.8 0.0649 0.3944 
968 110 18.9 30 79.7 82.3 2.6 81.0 0.0642 0.4040 
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Figure 5-18. The tested module collector 
(1) (2) 
Figure 5-19. The laboratory layout and test rig 
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5.4.2 Hybrid heat pipe solar collector 
A prototype hybrid heat pipe solar collector (wicked type) was mounted outside a 
laboratory building at the University of Nottingham, adjacent to a shed housing the boiler 
that was to be used as part of the heat source of a CHP system. The collector was co- 
operated with the boiler to supply heat for the CHP system. It was intended to direct the 
exhaust flue gas from the boiler across the flow channels fitted to the backside of the solar 
collector to enhance its heat transfer, and provide compensation, or back up, when solar 
irradiation was low or unavailable. However, it was not possible to carry this out in practice 
for safety reasons. In order to simulate the intended situation, a flue gas simulator was used 
to generate hot air equivalent to gas flow. The specifications and outer view of the 
simulator are shown in Figure 5-21. T-type thermocouple probes (Figure 5.22) were 
mounted on the inlet and outlet of the collector to measure water temperature, and a single 
jct water meter (Figure 5-23) was mounted on the pipeline connected to the collector to 
measure water flow rate. A normal T-type thermocouple (Figure 5-24) was hung in the air 
to measure outdoor temperature, and a pyranometer (Figure 5-25) was fixed to the absorber 
surface of the collector to measure instant global solar radiation. Each of item measurement 
- 
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instrumentation was connected to a Datataker (DT 500) which acquired data from the 
measured points and transferred these to a computer. The collector was connected to the 
main flow system that included the boiler and CHP test rig. When CHP operation stopped, 
the boiler also ceased operation. The layout of the integrated system, including the outdoor 
and indoor parts, is shown in Figures 5-26 and 5-27. 
Figure 5-21. The flue gas simulator 
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I c, ts were carried out for collectors with a double-glazing cover and with a polycarbonatc 
cover under three modes of operations, i. e., solar only, solar and exhaust gas combined and 
solar, gas and boiler combined operation [Riffat S. B. et al, 2003 1. All the tests were carried 
out under real weather situations in order to provide a realistic evaluation of behaviour. For 
the collector with a polycarbonate cover, tests were carried out on thiec separate (Jays I'or 
each mode of operation in order to examine the reliability and repeatability of its 
performance data. The collector with the polycarbonate cover was selected I, or this trial as 
it is the one most likely to be accepted for future application. The volume of the sv, tcin is 
very large (about 8m3) compared to the measured flow rate (2.81/m) through the collector, 
and this would ensure a steady solar-heating process during the testing period. 
TPCts for solar-only operation 
For the situation of solar only operation, no flue gas flowed through the collectors. The 
heating processes for the collectors with the double glazing cover and with the 
polycarbonate cover are shown in Figures 5-28,5-29,5-30 and 5-3I I. The variation of solar 
irradiation, water inlet and outlet temperatures, and the outdoor temperature during the 
periods of testing are presented. It was found that the water temperature increased steadily 
for both types of collector, and the outlet/inlet temperature difference varied slightly 
- 
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between 3°C to 5°C for the double-glazing cover, and 4°C to 7°C for the polycarbonate 
cover, depending on the intensity of solar irradiation. 
The thermal efficiencies of the collectors were calculated using the experimental results, 
and are also indicated as a function of the general parameter (tmean-tu)/ln, as shown in 
Figures 5-32 and 5-33, for the cases of the double-glazing cover and the polycarbonate 
cover, respectively. The moving average method was used in the calculation in order to 
provide average values for the measured parameters in every 10 minutes interval. Trend- 
lincs were produced to describe this variation. For the two collectors investigated, the 
cfficicncy decreased when (tawan-ta)/I increased. However, it may also be seen that there 
are several measurement points scattered away from the trend-lines, and hence square 
errors in the range 0.8 to 0.9 exist for the mathematical treatment. This may be caused by 
the slow response of the system due to its massive volume. 
it was found that the double-glazed collector and the polycarbonate covered collectors had 
efficiencies in the range 30% to 45%, and 40% to 60%, respectively when (trn j, -t, )/i 
varied between 0 to 0.045. This indicates that the polycarbonate covered version performed 
better than the double-glazed collector owing to the higher solar transmittance of the 
former. It was therefore decided to use polycarbonate cover in the final version of the 
prototype. 
jt was also found that the efficiency curves of the polycarbonate covered version obtained 
from three separate tests show good similarity. This indicates that the collector had a 
relatively stable performance. 
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Tests for the combined solar and exhaust as operation 
Further tests were carried out for operation using both solar radiation and flue gas. The 
heating processes for the collector with a polycarbonate cover are shown in Figures 5-34 
to 5-36. The variations of solar irradiation, inlet and outlet water temperatures, and the 
outdoor temperature are presented. Compared to solar-only operation, it was found that 
the water temperature increased more quickly. The outlet/inlet temperature difference 
varied between 5°C and 8°C, depending on the intensity of the solar irradiation, as well as 
the magnitude of flue gas input. This indicates that solar-gas co-operation is much more 
cfficient than the solar-only operation. 
Two efficiencies, TI and ill, were used to assess the collector performance for the 
combined operation. These were calculated using the test results, and are also indicated as 
a function of the general parameter as shown in Figures 5-37 (for the 
polycarbonate cover). Trend-lines are shown to describe this variation. For three of the 
tests, efficiency decreased when increased. However, it may also be seen that 
there are several measurement points scattered away from the trend-lines. This was 
caused by the slow response of the system due to its massive volume. 
Compared to solar-only operation, Il was approximately 20% higher, and achieved 60% 
to 85% for the polycarbonate cover. This again indicates that utilising waste heat from 
exhaust gas could enhance collector efficiency. The other efficiency parameter, 711, was 
still rather low, i. e., 20% to 35%, while (t,,, ean-ta)/I varied from 0 to 0.028. 
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Tests for the combined solar, gas and boiler operation 
Tests were carried out for combined operation of the solar/gas collector and boiler. The 
boiler has a nominal capacity of 70kW and is able to raise the temperature of water to 90 
to 100°C in a short duration. Water was circulated in the system at a substantial flow rate. 
around 60l/m, to provide the heat required for a CHP system; the flow rate of water 
passing across the collector manifold was only 2.81/m. The collector was connected to the 
return flow pipes to allow part of the return water passing through the manifold to absorb 
heat from solar insolation and exhaust gas. This part of water was then merged with the 
remainder before being delivered to the boiler for further heating. The heating processes 
for the collector with the polycarbonate cover are shown in Figures 5-38 to 5-40. These 
show the variation of solar irradiation, inlet and outlet temperatures of the water flow, and 
the outdoor temperature during three separate tests. It was found that the water 
temperature rose rapidly and achieved a high, steady level, around 90"C to 100°C, soon 
after the boiler was started (about 20 to 30 minutes). The collector outlet water and inlet 
water had a temperature difference in the range 0.5°C to 2°C, depending on the intensity 
of the solar irradiation, as well as the intensity of flue gas input. This temperature 
difference is much lower than the situation without boiler operation. The reduced 
temperature rise, i. e., output, was mainly due to the increased inlet temperature caused by 
boiler operation. 
Two efficiencies, r and ill, were used to assess the collector performance for this 
combined operation. These were calculated using the test results, and arc also indicated as 
a function of the general parameter as shown in Figure 5-41. Before the boiler 
was not ignited, value of (t an-ta)/Iý was lower (below 0.05) and the efficiencies, 1) and 
ill, were higher (tl in the range 60% to 90% and tit 10% to 30%). Once the boiler started, 
value of (tgn a-ta)/In increased immediately, and the efficiencies fell accordingly. At 
steady state operation, Ti was in the range 20% to 25% and 1115% to 10% while the 
t, )/I. was in the range 0 to 0.47. This indicates that combined operation would result in a 
significant reduction of collector efficiency due to the increased inlet water temperature, 
which in turn led to reduced heat transfer between the collector absorber and the 
condenser. 
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5.5 Comparison of the Modelling and Experimental Results 
5.5.1 Thin Membrane Heat Pipe Solar Collector 
Comparison was made between the modelling and experimental results for the thin 
membrane heat pipe solar collector, as shown in Figure 5-42. It was found that the tested 
efficiencies were lower than the predicted results for the evacuated case, but higher than 
those for the case of the single acrylic cover with un-evacuated chamber. The reason for 
this was investigated, and it was found that the evacuation of the chamber was not well 
processed. This resulted in reduced efficiencies compared to the modelling results 
because the theoretical analysis assumed that the chamber was completely evacuated. 
Actually, the top cover was deformed during processing an evacuation. To recover its 
shape, the chamber was filled with an inert gas, argon, after evacuation. Filling would 
result in a reduced efficiencies compared to the evacuated treatment, however, this could 
still provide higher efficiency values than the un-evacuated and un-filled treatment. 
Comparison of testing and modelling results 
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Figure 5.42. Comparison of testing and modeling results 
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5.5.2 Hybrid heat pipe solar collector 
Comparison was also carried out between the modelling and experimental results for the 
hybrid heat pipe solar collector, for each of the three operation modes, i. e., solar-only 
operation, solar/waste gas combined operation, and solar/waste gas and boiler combined 
operation. The results of these comparisons are summarised in Figures 5-43,5-44 and 5- 
45, respectively. For each mode of operation, the testing efficiencies are the average 
values of the efficiencies of three separate tests. 
For solar-only operation, solar/gas combined operation, or solar, gas and boiler combined 
operation, the theoretical efficiencies are always higher than the corresponding testing 
efficiencies. The differences are in the range 20% to 30%. The reasons for this were 
investigated, and it was found that a number of factors contributed to the discrepancies. 
Firstly, the heat pipe panel was subject to a small edge heat loss as it was fixed onto n 
metal frame that would conduct part of the absorbed heat away from the panel. Secondly, 
the insulation of the chamber and manifold was not as good as expected, and contributed 
to an increased heat loss. Thirdly, the collector body absorbed part of the input heat to 
warm itself up at the beginning of operation. This resulted in a reduced heat output. 
Finally, several assumptions were made when developing the computer modelling, c. g., 
an identical temperature layout was assumed to exist on the absorber area, and a direct 
through channel was assumed to represent the actual multiple return channels for 
simplification of the analysis. These would also contribute to discrepancies. 
Even so, the modelling results and experimental data showed a very similar trend for 
efficiency variation. Overall, efficiencies (either 1 or Iii) decreased with increasing of 
(tnr, n-t, )/In, but rates of variation differed for the three operation modes. Combined 
solar/gas and boiler operation showed the highest declination; the other two modes 
showed little difference for this trend. 
Although differences exist between modelling and experimental results, the modelling 
program is still able to predict collector performance if a correction factor is provided. 
The factor was determined by dividing the experimental value by the modelling value 
under the same (tfean-ta)/In, and was still indicated as a function of as shown in 
Figures 5-46 to 5-48 for the three modes of operations. These correlations would be 
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applied to any circumstance for this type of collector, and expected to improve the 
accuracy of the modelling predictions to a substantial extent. 
Baud on the theoretical investigation and experimental testing, the efficiencies of' the 
hybrid heat pipe solar collector were determined and presented in Table 5-11. 
Table 5-11. Summary of the solar collector efficiencies 
Configuration Flue gas setting Operating Eflicienc r 
, 
'7,. Efficiency 
temperature, "C Testing theoretical Testing theoretical 
Double-glazing Solar only 0-I 10 30 
- 
45 50-60 Not Not 
cover operation available available 
Solar/exhaust gas 0-1 10 No data No data No data No dat; i 
operation 
Solar, gas and 0- 110 No data No data No data No data 
boiler operation 
t'olycarbonate Solar only 0-1 10 45-70 65-78 Not Not 
cover operation available available 
Solar/exhaust gas 0-110 60-90 95-I 10 20-35 i5-42 
operation 
Solar, gas and 0-110 25-70 30-I It) 5-25 5-40 
boiler operation 
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Heat pipe solar collectors 
5.6 Summary 
9 Two types of flat-plate heat pipe solar collectors, namely, the thin membrane heat 
pipe solar collector and the hybrid heat pipe solar collector, were designed and 
constructed. The collectors incorporated a number of innovative ideas in structure 
design with the aim of improving the thermal performance of the collectors while 
keeping the capital costs low. 
"A theoretical model was developed to analyse the heat transfer occurring in the 
collectors. The heat processes in different areas of the collectors were investigated, 
and these were then correspondingly linked together by a set of heat balance 
equations. 
. 
The thermal performance of the collectors was investigated using the computer model 
developed. For a normal heat pipe solar collector, the performance is usually 
evaluated using efficiency il, which is defined as the ratio of heat taken from the 
manifold by the cooling liquid and the incident irradiation striking the collector 
absorber. However, for a hybrid heat pipe solar collector, another efficiency, ill, is 
also used to evaluate its thermal performance and this includes the heat input from the 
exhaust gas. The efficiency is defined as the ratio of heat taken from the manifold by 
cooling liquid and the sum of the incident irradiation striking the collector absorber 
and the heat from the exhaust gas. 
Given the structure of a solar collector, the efficiency varies with the external 
conditions, i. e., global solar irradiation I,,, ambient temperature te, as well as cooling 
fluid inlet temperature to and mass flow rate m. The external conditions are usually 
grouped by an item given as Overall, il and ill decrease with increasing 
The relationship can be expressed by linear equations. 
The top cover has an impact on collector performance. Of the five covers 
investigated, the single glass with an evacuated chamber is the best option, and the 
single acrylic glass with an un-evacuated chamber is the worst. Due to difficulty in 
creating an evacuated chamber for a flat-plate solar collector, choosing a 10mm thick 
polycarbonate sheet as a cover with an un-evacuated chamber may be an alternative 
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option. This is because polycarbonate sheet has a high solar transmittance (about 
85%) and a relatively large heat resistance (about 3W/m2. °C), which would result in 
an increased efficiency that approximately approaches the value for the evacuated 
case. 
The heat transfer area in the condenser, the flow rate of the cooling fluid within the 
manifold, as well as the manifold structure also have an influence on collector 
performance. Variation of the length of the condenser (or the length of the manifold), 
resulting in a variation of the heat transfer area between the manifold and the 
condenser, was found to influence the efficiency. The longer the condenser and the 
larger the heat transfer area, the higher the efficiency. However, increasing the length 
of the condenser may be limited by installation space in many applications. For the 
two collectors investigated here, the condenser length (also the manifold length) was 
taken as 10% of the evaporator length. 
For the hybrid heat pipe solar collector, the mode of operation was found to be the 
major factor influencing collector performance. For solar-only operation, the 
theoretical efficiency is in the range 30%-45% for the double-glazed cover and 45%- 
70% for the polycarbonate cover. Solar-exhaust gas combined operation enhances 
collector efficiency, r), by 15%-20%, while the efficiency, ill, remains at 35%-42%. 
When solar-exhaust gas operation is combined with boiler input, there is a significant 
reduction in collector efficiency, down to 30% for i and 5% for tel. This is because 
the boiler increases the inlet cooling water temperature, which leads to a reduced 
temperature difference between the absorber and condenser, and therefore, reduced 
heat transfer in the collector. 
. 
Laboratory tests were carried out to validate modelling predictions and provide 
experimental results on the thermal performance of the collectors. For the thin 
membrane heat pipe solar collector, tests were carried out in a standard solar energy 
laboratory in Germany, and the experimental efficiency was in the range 40%-70%, 
and decreased with increasing (tan-ta)/I,,. For the hybrid heat pipe solar collector, a 
set of tests were carried out under real climatic conditions by connecting it to a 
CHP/boiler system. Three modes of operation, i. e., solar-only, combined solar- 
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exhaust gas, and combined solar, exhaust gas and boiler operation, were examined, 
and each type of operation was studied on three separate days to examine the 
repeatability and reliability of the performance data. The efficiency values obtained 
from each of the three tests for a given mode of operation were similar and are 
presented in Table 5-11. 
" 
Modelling and experimental results were compared for the thin membrane and the 
hybrid solar collectors. For the thin membrane heat pipe solar collector, experimental 
efficiencies were in the range 40%-70%, which are lower than the values predicted by 
modelling for the evacuated case, but higher than those for the case of the single glass 
cover with un-evacuated chamber. The reason for this is that the chamber was filled 
with an inert gas, argon, after being evacuated, which has a larger heat resistance than 
air, but still gave rise to an extra conductive or/and convective heat loss compared to 
the evacuated situation. These treatments were not taken into account in modelling 
development and processing. 
For the hybrid heat pipe solar collector under each of the three operation modes, the 
theoretical efficiencies are always higher than the corresponding experimental 
efficiencies. The differences are in the range 10% to 20%, and the reasons for this arc 
mainly due to the several factors, including edge heat loss, unsatisfactory insulation, 
heat storage of the collector body itself and the simplified assumptions made in 
modelling setting-up. Even so, the modelling program is still able to predict collector 
performance if an appropriate correction factor is provided. The factor was 
determined by dividing the experimental value by the modelling value under the same 
(trman-ta)/In, and was still indicated as a function of (t, man-ta)/fn,. These correlations 
could be applied to any circumstance for this type of collector. 
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Chapter 6. Micro Steam Turbines 
6.1 The Steam Turbine Configurations 
A steam turbine is defined as a form of heat engine in which the energy of the steam is 
transformed into kinetic energy by means of expansion through nozzles, and the kinetic 
energy of the resulting jet is in turn converted into force doing work on rings of blades 
mounted on a rotating part. The steam is caused to fall in pressure in a passage or nozzle, 
which causes the conversion of a certain amount of heat energy into mechanical kinetic 
energy. As a result, the steam is set moving with a greater velocity. The rapidly moving 
particles of steam enter the moving part of the turbine and here suffer a change in 
direction of motion which gives rise to a change of momentum and therefore a force. This 
constitutes the driving force of the machine. The process of expansion and direction- 
changing may occur once, or a number of times in succession, and may be carried out 
with differences of detail [Kearton William J., 1972]. 
The passage of the steam through the moving part of the turbine, commonly called the 
blade, may take place in such a manner that the pressure at the outlet side of the blade is 
equal to that at the inlet side. Such a turbine is broadly termed an 'impulse turbine'. On 
the other hand, the pressure of the steam at outlet from the moving blades of the turbine 
may be less than that at the inlet side of the blades; the drop in pressure suffered by the 
steam during its flow through the moving blade causes a further generation of kinetic 
energy within the blade and adds to the propelling force which is applied to the turbine 
rotor. Such a turbine is broadly termed an 'impulse-reaction turbine'. 
The majority of steam turbines have, therefore, two important elements, or sets of such 
elements. These are: 
" The Nozzle, in which the steam expands from a high pressure and a statc of 
comparative rest to a lower pressure and a state of comparatively rapid motion. 
" The Blade or deflector, in which the stream of steam particles has its direction and 
hence its momentum changed. The blades are attached to the rotating clement of the 
machine, or rotor; whereas, in general, the nozzles are attached to the stationary part 
of the turbine, which is usually termed the stator, casing or cyclinder. 
- 
148 
- 
Micro Steam Turbines 
The steam turbines usually have very large sizes and hence substantial electricity output. 
There is no report for commercial application for a micro steam turbine less than 50kWe. 
However, this research has employed a specially designed impulse-reaction steam turbine 
that could provide 1.5-3kWe outputs and hence is suitable for use in a domestic micro 
CHP system. Furthermore, this research has also tried a novel application of a micro 
turbo-alternator that is driven by compressed air and able to provide 0.25kWc output. The 
second application was actually to investigate the possibility of using an alternative 
refrigerant, such as HFE or n-pentane, to drive the mini turbine, rather than the 
compressed air, and to investigate the approaches of modification to the construction to 
allow it to be applied in the large-scale development. 
Figure 6-1 is the Auto CAD drawings showing the outer view of turbine, including inlet, 
outlet and the cylinder casing. Figure 6-2 is a photograph showing the connection 
between the turbine and generator, and Figure 6-3 is the geometry contour showing 
internal structure of the turbine unit, including nozzle on the stationary part, the blades 
attached onto the rotor, as well as flow passages formed by the blades, rotor and the inner 
surface of cylinder, which was created by pre-BFC, a part of FLUENT CM simulation 
software. 
Figure 6-4 is a photograph of a modified turbo-alternator, which was used as the second 
application of the CHP system and had an output of 0.25kWe under working pressure of 
5bar. 
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Figure 6-1. Auto-CAD drawing of the turbine configuration 
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Figure 6-2. A photograph showing the connection of the turbine, and generator 
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6.2 CFD Numerical Simulation 
A commercial CFD software package (FLUENT/UNS Version 4.32,1995) was used to 
predict the velocity, pressure and turbulent kinetic energy profiles inside a micro impulse 
turbine under steady-state conditions. The k-e model was used to describe turbulence 
effects. Previous experiments [Riffat S. B. et al, 1999] demonstrated that the turbine was 
able to generate 1.5kW electricity at a rotation speed of 80,000 rpm. Based on this, it is 
estimated that 6kW electricity power would require a rotation speed of 320,000 rpm. 
Simulations were therefore carried out at two agitation speeds (80,000 and 320,000 rpm). 
The geometry contours of the simulated turbine are shown in Figure 6-3. It can be seen 
from the z-view that 2/3 of the flow channels were blocked in the turbine. f however, the 
simulation assumed that the blocked area would vary with the working fluid, inlet and 
outlet parameters and required electricity output. As the turbine was considered to be 
symmetrical along the z axis, i. e, the blade centerline, a repeating 10" domain could be 
selected [Armenante Piero M. et al, 1997], and a non-uniform grid composed of 33 i 
(along flow direction) nodes, 11 j (vertical to flow direction) nodes, and 28 z nodes 
(vertical to inlet flow surface) was imposed into this domain. The grid was finer in the 
region near the blades. 
Pressure, density and velocity contours within the domain were investigated, and the 
mass flow rate for each domain, me, was obtained. The overall mass flow rate for the 
required electricity generation could be calculated using the following formula: 
W (G-1) 
where ilm is an efficiency factor that is used to indicate irreversibility of the 
thermodynamic expansion process and the energy loss caused by mechanical and fluid 
flow friction. Previous investigation [Riffat S. B. et al, 1999] gave an estimated value of 
the factor of 0.2. 
The number of domains required for a specified electricity output was: 
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n=m (6-2) 
me 
Several working fluids, namely, water, n-pentane, methanol and R 141 b, were 
investigated, and different boundary conditions (inlet/outlet) were assumed, as shown in 
Table 6-1. In the simulation, fluid was treated as a supersonic, compressible medium as 
its flow speed was above sonic speed. The compressible flow model was applied using 
the gas law option. The fixed pressure boundary condition was given and the relative 
pressure values in relation to inlet conditions were used. Supersonic outflow boundary 
terms were used since the flow at the exit was a supersonic flow. Two different zones, i. e.. 
inner and outer ones, were considered. The inner zone was set at a rotation speed of 
80,000 rpm for 1.5kW electricity generation, and 320,000 rpm for 6kW clectricity 
generation, using the fan/blower model. 
Table 6-1. Summary of the simulation conditions 
Working Inlet Inlet Outlet pressure, Outlet Rotation velocity, Rotation 
fluid pressure, bar temperature, °C bar temperature rpm (1.5kW) velocity, 
°C rpm(6kW) 
Water 7.55,7,6, 240,231,214, 0.199 60 80,000 320,000 
5,4,3 193,169,140 
n- 7.5,7,6, 111,108,101, 2.14 60 80,000 320,000 
pentene 5.14,5,4 95,96,90 (1.15) (38) 
mathanol 7,6,5 131,118,103 2.863 60 80,000 320,000 
R 141 b 7,6,5,4 102,95,88,82 2.18,2.24,2.24, 60 80,000 320,000 
2.24 
The predicted velocity, pressure and density distributions for one case, i. e., using water as 
the working fluid, which was in the state of 7.55bar/240°C at the inlet, and 
0.1992bar/60°C at the outlet, are shown in Figures 6-5 to 6-7, respectively. It was found 
that the velocity varied significantly along the flow channel, from initially 6m/s to 
710m/s at the exit, and the maximum velocity occurred at the area immediately after the 
throat section. It was also found that the flow was always turned to one side of the 
channel boundary due to limitations of the channel geometry, causing a high-speed 
rotation. Consequently, fluid pressure and density reduced significantly along the now 
path. The flow was found to be a typical compressible, supersonic, vortex flow. 
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Based on the simulation conditions described previously, the mass flow rate of a single 
flow domain was determined and the percentage of un-blocked area required was 
calculated for different situations, as shown in Figures 6-8 to 6-11. Vapour at the inlet 
was considered as a saturated vapour. The inlet pressures were assumed and the 
temperatures were calculated correspondingly. The outlet temperatures were assumed to 
be 60°C to allow a hot water of 40 to 50°C to be produced, and the outlet pressures were 
calculated based on the assumption of the isotropic process occurring in the turbine. The 
simulation conditions are summarised in Table 6-1. Results indicate that water is the best 
of the four fluids investigated, as it could produce the required electricity output using a 
lower mass flow rate and smaller flow area. It was also found that water is the only fluid 
that allowed 6kW electricity output using this turbine. For all the working fluids, the 
higher the inlet pressure, the less the mass flow rate and the smaller the required flow 
area if the electricity output remained constant. For a 6kW electricity output using the 
turbine, only water could be considered as the working fluid and the inlet pressure would 
be at least 4bar. However, if only 1.5kW electricity output is required, n-pentanc, 
methanol, R141b and water would be all suitable working fluids. If the outlet temperature 
reduced from 60°C to 38°C, the outlet pressure reduced, and the inlet pressure would 
reduce correspondingly. 
provided that the inlet pressure remained unchanged, reducing the outlet tcmpcraturc 
(pressure) would result in a significant increase in power. However, if the power output 
remains constant, reduction of the outlet pressure would lead to reduced mass flow rate 
and flow area. 
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6.3 Experimental Testing 
A prototype system was constructed to carry out laboratory testing. The system used a 
normal pressure boiler and a normal pressure solar collector as heat sources. These 
produced high temperature hot water of 110°C. The hot water was used to heat a 
secondary fluid, n-pentane or HFE7100, using a generator, a super-heater as well as a 
separator, as shown in Figure 1-1. Both n-pentane and IIFE-7100 are refrigerants that 
have low boiling points, i. e., 35°C and 60°C respectively, and can be converted to a 
pressured, superheated vapour if heated in the generator and superheater. The vapour was 
used to drive the turbine to generate electricity, causing its temperature to fall 
significantly. It became a mixture of vapour and liquid, which was used to produce 
domestic hot water via the condenser. The schematic diagram showing the configuration 
of the system is presented in Figure 1-1. 
A 70kW nominal capacity boiler was used in the system, and a hybrid heat pipe solar 
collector was also incorporated, which was indicated in Chapter 5. However, the first set 
of tests excluded the collector operation by simply shutting off the valves on the pipelines 
connected to the collector. A photograph of the boiler is shown in Figure 6-12. 
A 100kW nominal capacity fan condenser was installed to cool the chill water, and the 
water was then used to condense refrigerants (HFE7100 or n-pentanc) from the turbine 
by using a pair of flat-plate heat exchangers each with 25kW nominal capacity. The fan 
condenser is shown in Figure 6-13, and the flat-plate heat exchanger is shown in ligurc 
6-14. 
Preliminary test was carried out using the hybrid CHP system. The impulse-reaction 
turbine was installed in the system, and n-pentane was used as the working fluid. The n. 
pentane liquid would be vaporized into superheated vapour with a pressun up to 5"6 bar 
if heated to 100°C. The heat required for the CHP operation was supplied solely by the 
boiler, generating hot water at temperature of 110°C. 
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Figure 0-12.: 1 70k li' ircaiiinal eapaeit v boiler 
Figure O-14.. 1 25k W iwminal 
capacity heat exchanger 
The variation of refrigerant pressure at different points is shown in Figure 6-15. It i` seen 
that n-pentane was heated rapidly and entered a steady state situation soon after the 
system was started up. The pressure at the inlet of the turbine was as high as 5. I. 3 har 
(average), and this fell to 1. I4bar (average) after the refrigerant flowed across the turbine 
machine due to a conversion of fluid kinetic energy to mechanical energy, which was 
used to drive the generator for electricity generation. 
The variation of refrigerant temperatures is shown in Figure 6-16. It is seen that 
temperature of the refrigerant at the outlet of' the super-heater was as high as ()5"(', and 
this dropped to about 38"C after the vapour fluid passed through the turbine nuaChine, (hic. 
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1/1IL"io Steam l uilýinýý 
to the significant reduction in pressure. The fluid then experienced a 5-6"(' rrdiurliººn in 
temperature in flowing through the flat-hlal hart exchangers f'Or ýunýlený. ýtiýºn. Ilttwe\ý r, 
the temperature gained ahout O. K"C' aller the ctºMIrnsate was Ipuiºilºe"di tºº a hi)_'he"r 
pressure. The flow rate measured at the outlet of' the condensers was I' I/nº, c(Iui\; ºk"nt tu 
435kg/h. 
"(hc voltage and current readings were 131 voIis and 103 i amps respectivrk, ymnto a 
power output of approximately I. 35kW. 
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6.4 Comparison of CIA) Numerical Prediction and 't'esting Results 
('oluparison between CFI) numerical predictions and testing results was carried taut. In 
the ('Fl) simulation, the inlet and outlet parameters (pressure and irngpcrature) were Ihr 
same as the tested values, i. e., 5.1 har/93.57"C for inlet and I 
. 
I5har/5(,. K"(' f'Or outlet, : ºnil 
electricity demand was assumed to be equal to the tcsied value, i. e.. 1.350V. Based on 
the assumptions, the velocity and density cot the vapour fluid at the inlet of a . Ingle 
doittain were determined using the CFI) numerical technique, given as 63 Ken/s (a\euagcl 
and I3.95kg/nº' respectively. The mass flow rate of the fluid passing through a sin lc 
channel was then calculated by timing the inlet area (I0 5m2), given as U. OO89kiý/. I4N 
using Eqs. 6- I and 6-2, the number of domains involved in the operation was deter mowed 
a, 13.6. This means that 3917r, of the total flow area needs to he utiliied and the rest L", )uItI 
he Mocked in order to achieve the required electricity output. 
In the experimental testing, 2/3 of the flow channels of the turbine were blocked b\ u. ine 
a curved baffle. The average pressure and temperature of the n-pentane 
the inlet and cutlet were same as the values assumed in the ('I I) siniulatiýýn. the 
- 
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measured flow rate was 435kg/h and the electricity output was 1.35kW. This showed that 
33.4% of the total flow area was needed to obtain the required electricity output. 
It is seen that CFD prediction and experimental testing were in good agreement in regards 
to flow area and operating characteristics. This demonstrates that CFD is able to predict 
flow in the turbine at a reasonable accuracy, and hence would be helpful in optimizing 
turbine geometry and determining operating conditions. 
6.5 Summary 
The velocity, pressure and turbulent kinetic energy of the now in a micro impulse. 
reaction turbine were determined using numerical CFD prediction. In addition, 
experimental tests were carried out using a prototype system. The results of CID 
simulation and testing show good agreement. This indicates that CFD could be used as an 
effective tool for optimizing turbine geometry and determining operating conditions. 
Water is the best of the four working fluids investigated, as it could produce the required 
electricity output using a lower mass flow rate and smaller flow area. Water is the only 
working fluid which would allow the turbine to produce a 6kW electricity output. 
The higher the inlet pressure, the lower the mass flow rate and the smaller the required 
flow area if the electricity output and outlet pressure remained unchanged. To produce 
6kW electricity output using the turbine, the inlet pressure of water vapour would be at 
least 4bar. However, If only 1.5kW electricity output were required, n-pentane, methanol, 
R141b and water would all be suitable working fluids. If the outlet temperature were 
reduced from 60°C to 38°C, the required inlet pressure would also be reduced 
correspondingly. 
- 
162 
- 
Hybrid Heat Pipe Solar Collector/CNN System 
F 
Chapter 7. Hybrid Heat Pipe Solar Collector/CHP System 
7.1 Description of the System 
CFD modelling indicated that water is be an efficient working fluid for the system as it 
could produce a given power at a low mass flow rate and smal flow area [Riffat S. 13. ct al, 
2002]. However, the vapour would need to be at high pressure and temperature, e. g., 6bar 
and 200°C, respectively, which could only be obtained using a pressurized steam generator 
and a pressurized solar collector manifold. These requirements would make the system 
unsuitable for residential use due to safety reasons. 
An alternative arrangement using a boiler and solar collector at normal pressure was 
thcrcfore investigated. This system would produce high temperature hot water, at around 
110°C, which would be used to heat a secondary fluid, either n-pentane or 111T7100, using 
a generator, and a super-heater as well as a separator, as shown in Figure 1-1. Since both n" 
pentane and HFE7100 are refrigerants having low boiling points, i. e., 35"C and 60°C 
respectively, they could easily be converted to pressured, saturated or superheated vapour 
when heated in the generator and super-heater. The vapour would be used to drive the 
turbine to generate electricity, causing its pressure and temperature fall, and would exit the 
turbine as a superheated vapour, or mixture of vapour and liquid. The low pressure vapour 
(or mixture) would be used to produce domestic hot water by passing it through the heat 
exchangers to allow heat exchange between the refrigerant and chill water. A schematic 
diagram showing the configuration of the system is presented in Figure 1.1. 
Two types of solar collectors were designed and constructed; one was the thin membrane 
heat pipe solar collector, and the other was the hybrid heat pipe solar collector. Previous 
investigation (Chapter 5) showed that hybrid one was more suitable to this application, as it 
could recover part of the waste heat from boiler exhaust gas and so would have a higher 
thermal efficiency than the thin membrane type. Decision was therefore made to choose the 
hybrid type as the final option. 
For the hybrid type, two structures were considered; one uses the wicked hcat pipes made 
by Thermacore (UK) and the other uses the wickless heat pipes niade by Then nomax (UK). 
The analytical investigation (Chapter 3) showed that the wicked heat pipes are better at 
distributing liquid film over the inner surface of the heat pipes and are therefore cxpectc(l to 
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achieve a higher level on heat transfer than the wicklcss ones. Decision was therefore made 
to choose the wicked pipes in the construction. Each heat pipe is a tube structure that has 
no physical separation between the evaporation section and condensation section. The 
manifold was in touch with the condensation areas of the heat pipes by using copper rods, 
which were drilled with co-axial cylinder cavities. Heat transfer between the condensers 
and the manifold is largely dependent on the conductivity of the rods. Totally 20 heat pipes 
were incorporated in the collector panel which has a gross absorption area of 2.4111, and an 
effective absorption area of 2.2m2. CAD drawings showing the structure of the heat pipe 
absorber panel are presented in Figure 5-4. 
The casings of the collector were constructed with aluminium frames, comprising an 
insulated bottom chamber and a top cover. The bottom chamber of the enclosure contained 
5 conjugated channels, which allow exhaust flue gas from the boiler to pass through to 
improve the efficiency of the collectors, as well as provide a back up (or compensation) 
when solar irradiation is unavailable (or low). Fibre-glass insulation was fitted beneath and 
around the channels to reduce heat loss through the chamber. The top cover is a thenno 
clear polycarbonate sheet, which has a solar transmission of 0.85 and U value of 
3. OW/m2. K. 
Schematic diagrams showing the structure of the solar collectors are given in Iigures 1.3a. 
1-3b and 1-3c. A photograph of the solar collector is shown in figure 7-1. 
previous tests (Chapter 5) showed that the efficiency of the collector was only 2091, to 30% 
if it was operated at a temperature in the range 100 to 110"C. For solar irradiation of 
800W/m2 (or equivalent), the heat output of such a collector unit would be 350W to 500W. 
It was estimated that producing 1.5kW electricity would need a heat input of l2kWjracfo 
Jorge ct al]. If 50% of the heat input, e. g., 6kW, was supplied by the collectors, then 15 or 
more collectors would be required. Manufacturing and installing so many units would to 
unrealistic for this application due to limited budget and space, and so an alternative system 
was considered. The alternative system was based on one collector unit, but incorporated a 
70kW nominal heat capacity boiler (Figure 6-12), as the replacement of the other 
collectors. During operation, the boiler produced exhaust flue gas at the rate of 185m'/h 
[Ilamworthy, 1997]. The flue gas had a temperature of 205"C at the Immediate outlet of the 
boiler and it was intended to utilise its waste heat by mixing the flue gas with an metered 
- 
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amount of cold air before delivering the mixture to the solar collectors for heat recovery. 
Mixing the flue gas with cold air would result in an increased air/flue gas now volumc in 
order to serve more than four collector units for heat recovery. 
Unfortunately it was found that in this application, it was not possible to mount the solar 
collector on the roof adjacent to the chimney owing to its unsuitable north-west orientation. 
The collector was therefore mounted on the ground near the shed housing the boiler. As it 
was not possible to transport the chimney flue gas to the collector, a flue gas simulator, 
which provided hot air of 110°C-120°C at the rate of 0.035m3/s, was employed. A 
photograph of the simulator is shown in Figure 5-21. 
A 100kW nominal capacity fan condenser was installed to cool the chill water, and the chill 
water was then used to condense refrigerants (HFE7100 or n-pcntanc) discharged from the 
turbine by using a pair of flat-plate heat exchangers, each with 25kW nominal capacity. 
The fan condenser is shown in Figure 6-13, and the flat-plate heat exchanger is shown in 
Figure 6-14. 
Two types of turbine units were investigated; one is a micro impulse-reaction turbine which 
operated at very high rotation speed, up to 80,000rpm, and provided an electrical output of 
1.5kW to 3kW, shown in Figure 6-2. The other is a compressed-gas driven, turbo-alternator 
which operated at a low rotation speed, up to 1,000rpm, and gave an electricity output of 
250W, shown in Figure 6-4. 
The impulse-reaction turbine used n-pentane as the working fluid. This would be vaporized 
into saturated vapour with a pressure of 5-6bar, when heated to 90-1000C. This is realistic 
as a solar collector/boiler can provide hot water at a temperature up to 120"C, and this 
could be used to heat n-pentane to the desired temperature. The turbo-alternator used lil" E- 
7100 as the working fluid. This would be vaporized into superheated vapour with a 
pressure of 3-4bar, when heated to 100"C. This is also realistic in view of the solar 
collector/boiler's capacity to provide hot water at a temperature up to 120"C. The hot water 
could be used to heat HFE-7100 to 100"C and then vaporize it using a generator and a 
super-heater. Although initial trials indicated that the output of the turbo-alternator was 
lower than the requirement, further work is being carried out to establish if its output can be 
increased. 
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As n-pentane is a flammable liquid, a diaphragm pump driven by compressed air was used 
in the CHP cycle for safety reasons. A photograph of the diaphragm pump is shown it, 
Figure 7-2. 
TAROT 
Figure 7-2. A diaphragm pump used. /or 
the hybrid solar collector/('l11' 
. 
extern 
A prototype system was constructed based on the integration of the components described 
above, see Figures 7-3. Performance of the prototype unit would he investigated 
theoretically using classical thermodynamic principles, and also tested in a building of 
Nottingham University. Comparison between theoretical and testing results would lie 
carried out to give a general mapping of the system's performance, availability as %%ell : r. 
energy and environmental benefits. 
- 
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1 figure 7-1. Heat pipe solar collector 
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prototype 1 (wicked panel) 
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7.2 Theoretical Investigation of the Thermal Performance of the Hybrid Beat Pipe 
Solar Collector/CHP System 
7.2.1 Analysis of the Thermodynamic Cycle and Heat Transfers 
Figure 7-4 presents a schematic of the system layout, and Figure 7-5 indicates the 
thermodynamic cycle using T(temperature)-s(entropy) chart. The system uses a tvvpical 
Rankine cycle powered by both solar and gas energy. High lennperature hot %%aler 
generated by the boiler/collector unit is used to heat and vaporize the refrigerant (cithrr n 
pentane or HFE-7100), resulting in a change of state from I (under-saturated liyuitll to 2 
(saturated vapour) or 2' (super-heated vapour). The vapour at a high pressure is then led 
into the turbine to generate electricity, becoming superheated vapour or a mixture of liquid 
and vapour at a lower pressure on exiting the turbine, this is indicated as state Z (or 
. 
t' irr 
Figure 7-5. The refrigerant at state 3 is passed through the flat-plate heat exchangers where 
it condenses, resulting in change of state from 3 (superheated vapour, or mixture of 
saturated vapour and liquid at a lower pressure) to 4 (saturated liquid at the saure pre`. urr 
as 3). This condensation process is designed to produce a suitable amount of hot water for 
residential use. However, in this experimental application, the heat collected by the %%ater 
was discharged to the ambient by passing it through a fan condenser. The refrigerant at 
state 4 was then pumped to a higher pressure, thus become a pressurized liquid state at I 
UPERHEATER 
SOLAR 
FLUE GAS IIIj SEPARATOR 
' 
-- 
I IV ý11 'T Ii 
I_I rlNERATOR 
CONDENSER 
1 
hot watt-Ir 
Figure 7-4. Schematic diagram showing the system layout 
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Figure 7-5. Schematic diagram showing the thermodynamic cycle of the system 
(T-s chart) (ideal process) 
For an evaporation pressure, pe, as well as condensation pressure, pc, the heat obtained 
from the generator and superheater by the refrigerant may be expressed as: 
Q, 
el =m, (12-k) (7.1) 
This heat is provided by a combination of the solar collectors and gas boiler. Owing to the 
heat losses in the pipelines, as well as the generator and superheatcr, the licat supply, Q4,, is 
usually larger than the heat demand, Qref. For an efficiency for the heat transfcr, trM, the 
required heat supply would be: 
Q ref aup = cpmfl. w(tfl. W -t, etum) = r7hr 
" 
-2) 
Part of the heat supply, Q,,,,, is derived from the solar collectors, and the rest from the gas 
boiler. The heat from the solar collectors may be expressed as: 
Quo! 
= n(Ab, In +Qfue)% (7-3) 
where n is the number of the collector units to be used; A, N is the absorber area or each 
-169- 
Hybrid Heat Pipe Solar Collector/CHP System 
collector (m2); I is the global solar irradiation (W/m2); Qn, c is the available energy included 
in the flue (W), which could be calculated using Eq. 5-34; and T)1 is the overall efficiency of 
the hybrid collector, which could be obtained by using the correlations given in Figures 5- 
45 and 5-48. 
The efficiency of the gas boiler, 11 iI , was assumed to be 0.9, thus the gas cncrgy required 
for the heat supply may be expressed as: 
Qpas 
= 
(L%sup 
- 
Qsol )1 
'1boiler (7-4) 
It was found that for either n-pentane or HFE-7100, state 3 is always located within the 
superheated area. It is therefore not necessary to create a superheated state at the inlet of the 
turbine (2), which was aimed to increase the dryness of the refrigerant at the outlet. 
Due to the irreversibility of the expansion process for turbine operation, there will be an 
entropy increase when the state change from 2 to 3. However, this theoretical analysis 
neglects this increase for reasons of simplification. The error this may cause may be 
corrected by using a factor, Tlm, which considers both the irreversibility of the expansion 
process and the loss due to mechanical and fluid flow frictions 
Given s3(equal to s2) and p3 (equal to pa), the enthalpy of state 3, h3, may be obtained by 
using a program specially designed for property calculation [University of Idaho, 19961 of 
several refrigerants. 
The energy available for electricity generation in this process may be expressed as: 
Qý 
= m. (k 
- 
hs ) (7-5) 
Due to the irreversibility of the expansion process, as well as mechanical friction and fluid 
flow resistance that usually exist in the turbine-generator unit, the whole of the energy could 
not be completely converted into electricity power. The efficiency factor, Il,,,, mentioned 
above was considered, and this was initially given a value of 0.6 [Facäo Jorge et all. Thus 
the power output could be expressed as: 
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W= 
'lm 
Qt (7-6) 
Theoretically, the condensation process from 3 to 4 is a constant pressure process. and the 
enthalpy of state 4 may be considered as that of the saturated liquid at the same pressure as 
state 3. The energy available for residential hot water production in the condensation 
process may therefore be expressed as: 
Qon = m. (h3 - h4 ) (7.7) 
Since heat losses usually exist in condensers due to the temperature difference between the 
condensed refrigerant and room air, the condensed energy cannot also be completely 
converted into residential hot water output. An efficiency for condensation heat transfer, tl,, 
was therefore considered, and this was initially assumed to be 0.7 for the tlat"platc heat 
exchangers used in this application [Fullarton D., 2002]. Thus the heat output of the cycle 
could be expressed as: 
Qh 
= 
'iconQcon (7.8) 
Since the power consumption of the pumps in the refrigerant cycle, hot water system and 
chill water system were negligible compared to the energy input, and heat and electricity 
outputs, the electricity efficiency, Tle, heat efficiency, tin, as well as the overall crllciency, 
11l, could be therefore be expressed approximately as follows: 
W 
77, 
_ 
(7-9) Qgat 
nti = 
Q" (? 
-10) Qgas 
W+ Qh (7-11) Qgas 
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7.2.2 Case Calculation 
- 
Impulse-reaction Turbine Using n"pcntane as the Working 
Fluid 
The impulse-reaction turbine system was investigated using the theoretical analysis 
described above. In this investigation, the evaporation pressure, p,,, was assumed to take the 
value of 6,5.1 and 4 bar, and the condensation pressure, pc, was constant at 1.15bar. The 
vapour at the inlet of the turbine was at a saturated state, and the expansion process in the 
turbine-generator was treated as a reversible process. Condensation occurring in the 
condensers was a constant pressure process, and the refrigerant at the outlet of the 
condenser was considered to be a saturated liquid. The thermodynamic properties of the 
refrigerant at various states were obtained using the computer program designed for 
property calculation [University of Idaho, 1996], and are shown in Tables 7.1,7-2 and 7.3. 
The mass flow rate in the cycle was assumed to be 435kg/h. 
The boiler flow temperature was assumed to be 100°C and the mass flow rate was taken as 
62.81/m. These values are similar to those for the experimental tests so that comparison 
between theoretical and experimental results may be made more easily. The temperature of 
the return flow from the generator was calculated using Eq. 7-2. The heat obtained from the 
collector was calculated using Eq. 7-3, using the assumptions solar irradiation is 550W/m=, 
ambient temperature is 14°C, flue gas temperature is 110°C and flue gas flow rate is 
0.035m 3/S. The heat demand and corresponding gas energy required for boiler operation 
were obtained using Eq. 7-4. Finally, the electricity, heat and overall cfticicncics for 
system operation were obtained using Eqs. 7-10,7-11 and 7-12. It should be emphasised 
that all the calculations were based on the assumption that the system operated on a typical 
Rankine cycle. The results derived from the calculation are listed in Table 7-4. 
Theoretical investigation was made for three sets of operating conditions, e. g., 6,5.1 and 4 
bar evaporation pressures, and the quantity of the collectors used was assumed to vary from 
I to 4 for each data set. The results for each set of data were compared and the influence of 
evaporation pressure and quantity of collectors on system performance was evaluated. 
Another system, e. g., turbo-alternator using HFE-7100 as the working fluid, was not 
investigated, as the turbo-alternator was already known to be too small in output to be 
unsuitable for this system. 
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Table 7-1. Properties of n-pentane at different states in the cycle process (p, _dbar) 
Properties 
State point 
P, bar t, °C p, kg/M3 s, kJ/kg. K h. 
WAS 
1 6 39.83 603.45 3.757 
-1585.4 
2 6 100.7 16.4 4.99518 
-1136.4 
3 1.15 59.49 3.12 4.99518 
-1198 
4 1.15 39.67 603.01 3.757 
"1586.2 
Table 7-2. Properties of n 
-pentane at different states in the cycle proccss(p, =5.1bar) 
Properties 
State point 
P, bar t, °C p, kg/m s, k1/hg. K Ii. 
1 5.1 39.7 603.436 3.757 
-1585.7 
2 5.1 93.57 13.95 4.98 
-1147.8 
3 1.15 56.8 3.15 4.98 
-1202.8 
4 1.15 39.67 603.01 3.757 
-1580.2 
Table 7-3. Properties of n 
-pentane at different states in the cycle process(p, malbar) 
Properties 
State point 
P, bar t, °C p, kg/m s, kJ/Icg. K It, 
kJ/kg 
1 4 39.69 603.337 3.757 
-1585.9 
2 4 83.42 10.99 4.96 
-11(4.1 
3 1.15 53.2 3.19 4.96 
-1209.5 
4 1.15 39.67 603.01 3.757 
-158G. 2 
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Table 7.4. Theoretical calculations of the energy efficiency of the hybrid solar collector system 
Operating condition P. = 6bar P. =5. I bar i'. 4bar 
Power output, kW 4.47 3.99 3.30 
[lot water generation, kW 32.8 32.4 31.8 
Overall heat input 60.2 58.7 56.6 
required, kW 
Number of collector unit 1 2 3 4 1 2 3 4 I 2 3 4 
Boiler 11W flow 100 100 100 100 100 100 100 100 100 100 101 IOU 
temperature, °C 
11W return temperature at 86.3 86.3 86.3 86.3 86.6 86.6 86.6 86.6 87.1 87.1 87.1 87.1 
the outlet of the 
generator(inlet 
temperature of the 
collector), °C - 
11W outlet temperature of 8.16 88.16 88.46 88.46 88.46 88.46 88.96 88.96 $8.96 88.96 
the collector, °C 
Boiler 11W return 
. 
55 86.64 86.68 86.76 86.85 86 93 818 87,26 7.11 7A i 
temperature 
! eat from solar and 
. 
091 1.455 0.364 0.728 1.091 1.455 0.364 0.7; 8 1,091 1455 
exhaust Aue gas, kW 
- 
Boiler gas consumption, 5.67 65.27 64.81 64.41 64 63.6 62.48 62,0: 1 61.67 1.7 
kW 
Elec. efficiency 
., 
ßl0 6.80 6.85 6.15 6.19 6.23 6.27 528 6.31 5.35 6.8 
I (eat efficiency Tih, ßl0 9.95 50.25 49.99 50.30 50.63 50.94 50.89 51.22 51.50 51.90 
Overall efficiency 11h, % 56 
. 
06 56.40 56.75 57.10 56.14 56.49 56.86 57.21 5ß. l 7 50.63 50.01 57,20 
7.2.3 Energy and Efficiency Analysis 
Figure 7-6 indicates the energy profiles of the system for one operating condition and one 
collector configuration, i. e., the evaporation pressure is 5.1bar and one collector unit is 
used in the system. It is seen that the power generation was 3.99kW and hot water output 
was 32.4kW. The required heat input was 58.7kW; of which 0.364kW was produced by the 
collector and the remainder was supplied by the boiler. This would require a gas 
consumption of 64.8kW for the system operation. 
Figure 7-7 shows the relation between efficiency and working pressure (evaporation). This 
is based on using one collector unit in the system. It was found that the electricity efficiency 
increased and the heat efficiency decreased when the evaporation pressure increased. 
However, the overall efficiency remained nearly same during this variation. It was also 
found that increasing the quantity of collector units did not affect on the trend of this 
variation. 
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Figure 7-6. Energy profiles of the hybrid solar collector/C'lll' system 
- (Pe = 5. lbar, one collector employed) 
Figure 7-7. Keiation of ejj: ciencces ana worKing pressures (eraporatton) 
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Figure 7-8 shows variation of efficiency with the quantity of collectors used in the system. 
It was found that the electricity, heat and overall efficiency had hardly any change when 
increasing the quantity of collectors used. 
Variation of efficiencies with quantity of collector used 
70 
60 
50 
40 
. 
4t 
W 30 
20 
10 
0 
1 23 
Quantity of collector used 
4 
Figure 7-8. Variation of the efficiencies with quantity of collector used 
--ý- eiectrcity efficiency 
-a-heat efficiency 
-, *-cverall efficiency" 
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7.3 Experimental Testing of the Hybrid Solar Collector/CIII' System 
Experimental testing was also carried out for the prototype system. The heat pipe solar 
collector was mounted outside the test building, the Squash Court on the campus of the 
University of Nottingham, adjacent to a shed housing the boiler. The collector, in 
conjunction with the boiler, was operated to supply heat for the domestic micro Clll' 
system. The exhaust flue gas from the boiler was intended to direct across the flow 
channels fitted to the backside of the solar collector to enhance its heat transfer, and 
provide compensation, or back up, when solar irradiation was low or unavailable. 
However, this intention was unrealistic for this application due to safety reasons. To 
simulate this situation, a gas flue simulator was employed to generate hot air (equivalent to 
gas flow). T-type thermocouple probes (Figure 5-22) were mounted on the inlet and outlet 
of the collector to measure the water temperature, and a single jet water meter (Figure 5. 
23) was mounted on the pipeline connected to the collector to measure water flow rate. A 
normal T-type thermocouple (Figure 5-24) was used to measure outdoor temperature, and a 
pyranometer (Figure 5-25) was fixed to the absorber surface of the collector to measure 
instant solar irradiation. The collector was connected to the main flow system that covered 
the boiler and CHP rig. The layout of the integrated system is shown in figures 7-3. 
Two types of turbine units were tested using the prototype system; one is an impulse. 
reaction turbine, designed to operate at very high rotation speed up to 80,000rpm» and 
provide an electricity output of 1.5kW to 3kW. The other is a compressed gas-driven, 
turbo-alternator which was designed to operate at a low rotation speed, up to 1,000rpim, and 
give an electricity output of 250W. The impulse-reaction turbine used n-pentane as the 
working fluid; This would be vaporized into superheated vapour with a pressure of 5-(bar, 
when heated to 90-100°C. The turbo-alternator used HFE-7100 as the working fluid; this 
would be vaporized into superheated vapour with a pressure up to 3-4bar, when heated to 
100°C. The heat required for the system was supplied by a combination of the solar 
collector and boiler, which were designed to generate hot water at temperature of 120"C. 
T-type thermocouple probes (Figure 5-22) and pressure transducers (Figure 7-9) were 
mounted at a number of points of the CHP circuit, chill water circuit and boiler and 
collector flow circuits to measure temperatures and pressures. Flow indicators (Figure 7- 
10) were mounted in these circuits to measure flow rates of hot water, chill water and 
refrigerant. A moving iron voltmeter meter (Figure 7-11) and an A. C. ammeter (Figure 7- 
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12) were mounted to measure the voltage and the electrical current output of the turbines 
All of the measurement apparatus were connected to a Datataker (DT 500) which acquired 
data from the measured points and transferred these to a computer. 
-40 to 125°C temp. 
range; 
1% accuracy 
specifications of the 
_yr 
pressure transducer 
sr 
rM-s 1Vcýrhrntý Iýrrstirrrý IU h: rr, 
«ý " 'I'crnpcralurc.. 5-1 10°C; 
Accuracy: 5%-, 
" , urýý 1_ Weight: 0-4kg 
Specifications of the 
flow indicatoir 
Figure 7-9.1 he pressure Figure 7-10. The flow indicator installed in the 
transducer mounted in the system system 
7.3.1 Testing of the Impulse Turbine System 
The variation of refrigerant pressure with time is shown in Figure 7-1.3 It can been secs 
that the pressure of n-pentane fluid increased rapidly and achieved a stable level soon after 
the system started operation. The pressure rose to its maximum at the outlet of the pump 
(about 5.3 bar) due to pressurization, and fell slightly (about 0. Ibar) after passing thwugh 
the generator, separator and super-heater. The refrigerant at the outlet of' the superheater 
was a saturated, high pressure vapour as a result of absorbing heat from the boiler/collector 
The vapour was fed into the turbine, causing high-speed rotation, owing to the conversion 
of kinetic energy to mechanical energy. The mechanical energy was used to drive the 
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generator to provide electrical power. The refrigerant at the outlet of the turbine therefore 
became a low pressure, superheated vapour (about 1.1bar) as a result of the essential 
pressure loss that occurred within the turbine. The vapour was further cooled by passing it 
across the flat-plate heat exchangers for condensation to produce domestic hot water by the 
recovery of the condensing heat. The condensed refrigerant would then be a low pressure 
mixture of vapour and liquid (about 1 bar), and was again pressurized by the pump. Thus, 
the thermodynamic cycle for operation of the steam turbine was complete. 
The variation of refrigerant temperature with time is shown in Pigurc 7-14. The 
temperature of the refrigerant at the outlet of the superheater reached a maximum of 950C. 
The temperature at the outlet of the condensers was 31°C. The flow rate mcasurid at the 
outlet of the condensers was 12 Um, which is equivalent to 435kg/h. 
The variation of the water temperature in the solar collector system is shown in Figure 7. 
15. The average water temperature in the collector was 102.5"C, and the outlct/ittlct 
temperature difference was 1.2°C. The flow rate measured at the connecting pipeline was 
2.811m, which is equivalent to 168kg/h. 
The variation of the water temperatures in the boiler main flow system is shown in Figure 
7-16. Flow temperature was about 104°C and return temperature was about 102"C; the 
outlet/inlet temperature difference was about 2°C. The flow rate measured on the main flow 
line was 601/m, which is equivalent to 3600kg/h. 
The variation of the water temperatures in the chill water system is shown in Figurc 7.17. 
The inlet temperature was about 14.5°C and outlet temperature was 16.25"C; the 
outlet/inlet temperature difference was 1.75°C. The flow rate measured was 301/m. which is 
equivalent to 1800kg/h. 
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(impulse-reaction turbine using n-pentane as working fluid) 
Variation of temperatures with time in the CHP cycle 
(impulse-reaction turbine using n-pentane as working fluid) 
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Variation of temperatures with testing time in the solar collector system 
(impulse-reaction turbine using n-pentane as working fluid) 
Hybrid Heat Pipe Solar ('ollcc"tor/('IIP SN. trni 
Variation of temperatures with time in chill water system 
(impulse-reaction turbine using n-pentane as working fluid) 
18 
16 
14 
L) 12 
lo 
Ee 
0 f- 
6 
4 
2 
0 
-ý- -. ---, 
10: 00: 00 10: 20: 00 10: 40: 00 11: 00: 00 11: 20: 00 1 1.40.00 12: 00: 00 1,? 110 00 1. ' . 10 
Time duration 
Figure 7-17. Variation of temperatures with testing time in the chill water 
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The heat inputs from the boiler and collector, the electricity and hot %%ater grncratitºn 
(indicated as kW energy) from CHP operation, as well as the gas co nsunºIºtioºn of the 
System were calculated using the experimental results obtained, see Figure 7 18 In the 
calculation, the temperatures of the hot water and chill water at various point,, in the ssstein 
were taken as the average of the instant temperatures during the period of steads a; ºtc 
operation. It was found that the majority of heat required for the ('I }) operation rann tI( m 
the boiler (7.65kW), and very little (0.23kW) from the solar Collector. 'l he g; º. 
consumption was 8.5kW. Operation of the system resulted in an electricity output and 
domestic hot water generation, of 1.34kW and 3.66kW, respectively, The electrical 
efficiency was 16% and the thermal efficiency was 43%1, resulting in an overall et'ticicnc"N 
of approximately 59%. This demonstrates that about 41(7 of the heat input was lost tiue to 
the energy losses caused by mechanical movement and fluid 11oww, as ell as the heat It"o, 
caused by unsatisfactory insulation to piping and equipment. 
As heat from the solar collector is derived from a renewable (or recovered) ene ý%hý: h 1. 
free of charge, increasing the proportion of heat from this source would reduce the heat 
required from the boiler, and consequently reduce primary energy consuIIIptit'll and 
running cost. This would contribute to a reduction in CO, emission to env. ir0n11nent 
- 
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7.3.2 Turbo-alternator System 
The variation of refrigerant pressures with time is shown in Figure 7 I1). 'I'hr ichigei. ini 
pump was started about 5 minutes later than the boiler system. The pressure of IIII. 7ltxº 
Fluid increased rapidly and achieved a stable level after about 2 minutes. The pressure mc 
to its maximum at the outlet of the pump (about 4 bar) due to pressuriiation. and this tell 
slightly (about 0.2bar) after passing through the generator, separator and superheater the 
HFE-7100 refrigerant at the outlet of superheater was a saturated, high pressure ý, ºIýýýur a 
it had absorbed heat from the boiler/collector due to heat transfer, and the refrigerant at the 
outlet of turbine was a superheated vapour at low pressure (ahout 0.4har) title toi the 
substantial pressure loss that occurred within the turbo-alternator, The sulx"ncc; ºte, l 
refrigerant vapour was further cooled after passing across the flat-plate heat exchanger,, and 
became a low pressure mixture of vapour and liquid (about O.? har). The i\cIe was Nkl% 
similar to that of the impulse-reaction turbine system. 
The variation of refrigerant temperatures with time is shown in Figure 7 2ºº I'he 
temperature of the refrigerant at the outlet of the superheater achieved about I O5' (', ; 111,1 , It, 
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temperature of the refrigerant at the outlet of the condensers was reduced to 1 2.5"C' The 
flow rate measured at the outlet of the condensers was 8 I/m, which is equi%alent it) 
720kg/h. 
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(turbo-a Iternater system using HFE7100 as working fluid) 
Variation of temperatures with time in the CHP cycle 
(turbo-alternator using HFE-7100 as working fluid) 
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The variation of water temperatures in the solar collector system with ti, nc is shown in 
Figure 7-21. The average temperature in the collector varied from 90"C to I (Y'C. and the 
outlet/inlet temperature difference was about 0.8°C. The flow rate measured on the t1()%% 
line was 2.81/m, which is equivalent to 168kg/h. 
The variation of water temperatures in the boiler main flow system is shown in Figure 7 
22. The flow temperature varied from 65"C to 105°C, the return temperature varied to mit 
65°C to 100°C, and the outlet/inlet temperature difference was about ; "('. "1'he tlo%% rate 
measured was 5011m, which is equivalent to 3000kg/h. 
The variation of water temperatures in the chill water system is shown in Figure 7 23. Ihr 
inlet temperature was 26.7°C, the outlet temperature was 28.5"C, and so the outlet/inlet 
temperature difference was 1.8°C. The flow rate measured was 261/ni. which is equik; rlrnt 
to 1560kg/h. 
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(turbo-alternator using HFE-7100 as working fluid) 
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The heat inputs by the boiler and collector, and the electricity and hot water generation 
(indicated as kW energy) from the CHP operation, as well as the gas consumption of the 
system were calculated using the experimental results, as shown in Figure 7-24. Similar to 
the impulse-reaction turbine system, most of heat required for CHP operation cane from 
the boiler (10.8kW), and very little (0.214kW) front the solar collector. This operation 
would consumed l2kW gas energy and resulted in an electricity output and domestic hot 
water generation of 0.06kW and 3.22kW, respectively. The electrical efficiency was 0.51.4 
and the thermal efficiency was 27%, resulting in an overall efficiency of 27.517c. This is 
much lower than the overall efficiency of the impulse-reaction turbine system. The reason 
for this is that the size of the turbo-alternator was too small for this systent, and resulted in 
significant energy losses due to mechanical movement and fluid flow. Ilse of a large-scale 
turbo-generator is therefore under consideration for this application. 
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Figure 7-24. Energy analysis of the hybrid solar collector/C IIP systent 
- (turbo-alternator usingHFE-7100 as the working fluid) 
Energy issues of the hybrid solar collector/CHP system 
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test results 
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7.4 Comparison of Theoretical and Experimental Results 
A comparison was made between the theoretical and experimental results for the impulse- 
reaction turbine system, and the results are shown in Figure 7-25. Both the theoretical 
analysis and testing were carried out at approximately the same evaporation and 
condensation pressures for the purpose of comparison. It was found that there were 
significant differences between the experimental results and the theoretical values. The 
major reasons for these are as follows: 
. 
The real thermodynamic process occurring in the system is not a typical kankinc 
cycle. State point 3 (outlet of the turbine), located in the superheated area, represents 
superheated n-pentane vapour that is unlikely to be condensed completely due to its 
large volume and large velocity as it passes through the condensers. This would 
produce a mixture of vapour and liquid at the outlet of the condensers (state 4), and as 
a result, the heat transfer in the condensation process would be reduced significantly. 
The mixture was then pumped to a higher pressure causing condensation of part of 
the vapour before finally achieving state 1. The fluid at state 1 was probably still a 
mixture of liquid and vapour, and would be heated to state 2 (saturated vapour) 
during the evaporation process. The thermodynamic cycle of the system's operation 
is shown schematically in Figure 7-26, and from this we can see that the required heat 
input was much lower than that of a typical Rankine cycle. 
. 
Flow in the turbine was a compressible, supersonic and vortex flow which could lead 
to substantial flow loss. In addition, the turbine blades, rotor, as well as the generator 
resulted in a significant friction loss during system operation. As the micro turbine 
had a relatively smaller size than those reported in other applications, its cfficicncy 
factor would be particularly low. This has been experimentally determined as 0.2, 
rather than values of 0.6 that typify commonly used micro turbines. 
Condensation, evaporation and pump operations were irreversible processes that gave 
rise to energy loss. 
lt should be emphased that although incomplete condensation led to reduced heat output, it 
allowed heat input to be reduced as well. This may be desirable in situations where a low 
heat output is required. The reduced heat input may lead to another consideration regarding 
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system configuration, e. g., using only solar/exhaust gas collector, instead of using both the 
collector and boiler, to provide heat. This variation will be discussed in the following 
section. 
Increasing the number of collectors used resulted in increased electricity, heat and overall 
efficiency. The variation of efficiencies with the quantity of collectors was calculated using 
the experimental results obtained, as shown in Figure 7-27. 
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Figure 7-25. Comparison of the theoretical and testing results 
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7.5 Energy and Environmental Effects 
- 
Simple Analysis 
A simple analysis to determine the energy and environmental benefits of the proposed 
system has been carried out by comparing the primary energy consumption of the proposed 
system with that of conventional heat and electricity supply systems. The results arc 
outlined in Table 7-5. The investigation assumed that the system was incorporated with 
four collector units and operated at 40% of the hours in the whole year on an average load 
basis. The conventional systems were assumed to operate on the same basis to enable 
comparison. During operation, each of the solar collectors would provide an average heat 
output of 230W, assuming heat was taken from the sun and exhaust flue gas, based upon 
the previous analysis of the solar collectors [5]. For the conventional systems, electricity 
was supplied from the national grid, i. e., produced by a central power station at an 
efficiency of approximately 33%, and the heat was provided by a domestic boiler, at an 
efficiency of 80 to 90%. The cost of electricity from national grid was assumed to be 
£0.05/kWh [London Electricity, 1998], and the charging rate of gas was £0.009/kWh 
[Butlin, 1998]. 
Table 7.5. Analysis ofenernv and environment effects of the hybrid solar collector/CLIPsystemrm 
S stem The conventional s stems The proposed system y Items calculated Electricity Heat Total Electricity heat 
Demand, kW 1.34 3.66 1.34 3.66 
Duration of operation, hours per 
annum 
3500 3500 3500 3500 
Gas power required, kW 4.06 4.57 8.63 7.73 
Primary energy consumption, 
kWh per annum 
14,210 15,995 30,205 27,055 
CO2 emission, tonnes per annum 6.68 7.52 14.2 12.7 
Running cost, £ per annum 235 145 380 240 
The analysis indicated that the combined system would save primary cncrgy of 
approximately 3,150kWh per annum compared to conventional electricity and heating 
supply systems, and this would result in reduction of CO2 emission of up to 1.5 tonnes 
(about 15% of that of the conventional systems). The running cost of the system would also 
be lower. These estimates, based on experimental results, understate the performance of the 
system as the turbine used was too small to allow the system to be operated at its maximum 
efficiency. System performance would be improved by employing a more suitable turbine 
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and developing an improved collector configuration to allow more efficient utilization of 
both solar energy and waste heat. 
7.6 Summary 
"A novel hybrid solar collector/CHP system was proposed. The system used a hybrid 
solar/gas collector, in conjunction with a boiler, to produce high temperature hot 
water, which was used to heat a secondary fluid, either n-pentane or IIFE7100, using 
a generator, a superheat as well as a separator. Since both n-pentane and IIFE-7100 
are refrigerants that have low boiling points, i. e., 35°C and 60°C respectively, they 
could be converted to a pressured, saturated vapour when being heated. The vapour 
was used to drive the turbine to generate electricity, causing its pressure and 
temperature fall to a lower level, and becoming a superheated vapour or mixture of 
vapour and liquid after flowing through the turbine. The lower pressure mixture was 
used to produce domestic hot water by passing it through the heat exchangers where 
heat exchange occurred between the refrigerant and chill water. 
"A theoretical analysis was carried out to investigate the thermodynamic and hcat 
transfer characteristics of the proposed system. The system was assumed to opcrate 
on a typical Rankine cycle which was powered by both solar and gas energy through 
utilization of a solar collector and gas boiler. Energy profiles of the system for a 
given operation condition and collector configuration were presented. It was found 
that the electricity efficiency increased and the heat efficiency decreased when the 
evaporation pressure increased and the condensation pressure remained the same. 
However, the electricity, heat and overall efficiencies all increased when the quantity 
of collectors used increased. This demonstrates that using more collector units would 
help to improve the system's energy efficiency. 
" The prototype system was tested in a building at University of Nottingham. Two 
types of turbine unit were examined; one is an impulse-reaction turbine which was 
designed to operate at very high rotation speed up to 80,000rpm and give an 
electricity output of 1.5kW to 3kW. The other is a compress gas-drivcn, turho. 
alternator which was designed to operate at a low rotation speed up to 1,000rpm and 
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give an electricity output of 250W. The impulse-reaction turbine used n-pcntanc as 
the working fluid; and the turbo-alternator used HFE-7100 as the working fluid. 
In both cases, the variation of refrigerant pressure and temperature, hot water 
temperature in the collector and boiler systems, as well as chill water temperature with 
testing time were monitored. The heat inputs from the boiler and collectors, and the 
electricity and hot water generation (indicated as kW energy) from CIIP operation, as 
well as the gas consumption of the system were calculated using the experimental 
results. It was found that the turbo-alternator was too small for this system and 
affected its power output significantly. Work was therefore focused on the system 
using the micro impulse-reaction turbine. Testing showed that the majority of the heat 
required for impulse-reaction turbine operation came from the boiler (7.65k%V), and 
very little (0.23kW) from the solar collector. The gas consumption was 8.5kW. 
Operation resulted in an electricity output and domestic hot water generation of 
1.34kW and 3.66kW, respectively. The electrical efficiency was 16% and the thermal 
efficiency was 43%, resulting in an overall efficiency of approximately 59%. This 
indicates that about 41% of the energy input was lost due to the resistances of 
mechanical movement and fluid flow, as well as heat loss due to unsatisfactory 
insulation of piping and equipment. 
0A comparison was made between the modelling and experimental results for the 
impulse-reaction turbine system. Experimental results were found to be significantly 
lower than the theoretical predictions. The major reasons for this are that the real 
thermodynamic process was not a typical Rankine cycle, and incompictc 
condensation occurred in the condensers. As a result, the required heat input and 
energy input were much lower than an ideal Rankine cycle system. In addition, 
irreversibility in turbine, evaporation and condensation operations also contributed to 
substantial energy losses. 
"A simple analysis of the energy and environmental benefits of the combined system 
was carried out. The analysis indicated that the proposed system would save primary 
energy of approximately 3,150kWh per annum compared to conventional electricity 
and heating supply systems, and this would result in reduction of CO2 emission of up 
to 1.5 tonnes. The running cost of the proposed system would also be lower. These 
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results are an underestimate of the system's practical performance than the theoretical 
predictions as the turbine used was too small to achieve the desired efficiency. The 
system's performance would be improved by employing a more suitable turbine and 
developing an improved collector configuration to allow more efficient utilization of 
both solar energy and waste heat. 
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Chaper 8. Conclusions and Further Work 
8.1 Summary of the Work 
This research investigated a novel hybrid heat pipe solar collector/CHP system. The system 
was powered by solar and gas energy as well as the boiler waste heat to provide electricity 
and heating for residential buildings. 
The research started from a review in relative to the several technical areas, including heat 
pipe technology and heat pipe thermal performance analysis, numerical methods of heat 
pipe heat transfer, heat pipe solar collectors, micro turbines and solar CLIP technology. 
Technical progress in these areas was examined, and the innovative aspects of this research 
were identified compared to the current technical status. 
The research investigated the thermal performance of a number of heat pipes, including 
micro/miniature heat pipes, normal circular and rectangular heat pipes, with/without wicks. 
An analytical model was developed to evaluate the heat transport capacity for the heat 
pipes. A parallelepiped miniature heat pipe with two sharp opposite comers was proposed. 
Variation of heat transport capacity for either micro/miniature or normal heat pipes with 
operation temperature, liquid fill level, inclination relative to horizon and channel geometry 
were investigated. 
The research also investigated the operating characteristics of a number of heat pipes. A 
simplified numerical model was developed based on the analysis of the previous methods. 
Mathematical theory and numerical method used for modelling development were 
indicated. The operating characteristics of the selected heat pipes, e. g., two miniature and 
one mini heat pipes, and two normal heat pipes, were investigated using both the numerical 
technique and experimental testing. 
The research further involved the design, modelling, construction and tests of two novel 
heat pipe solar collectors, i. e., the thin membrane heat pipe solar collector and the hybrid 
heat pipe solar/flue gas collector. A computer model was developed to analyse the heat 
transfer occurring in the collectors. Two collector efficiencies, 11 and ill, were defined to 
evaluate their thermal performance, which were indicated as the function of a getnera) 
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parameter (trneai 
-ta)/In. Effects of the top cover, manifold as well as flue gas temperature and 
flow rate (for hybrid collector only) on collector efficiencies were investigated using the 
computer model. Laboratory tests were carried out to validate modelling predictions and 
examine the thermal performance of the collectors. Comparison was made between the 
modelling and testing results, and the reasons for error formation were discussed. A 
correlation factor was determined to modify the theoretical predictions. 
The research also investigated the performance of a micro impulse-reaction turbine. The 
structure configuration, coupling pattern with the generator as well as internal geometry 
contour of the turbine was described. The velocity, pressure and turbulent kinetic energy of 
the flow in the turbine were determined using numerical CFD prediction. In addition, 
experimental tests were carried out using a prototype system. 
The research finally focused on the combined heat pipe solar collector, boiler and micro 
turbine system. The individual components, configurations and layout of the system were 
described. Theoretical analysis was carried out to investigate thermodynamic and heat 
transfer characteristics of the combined system, which was based on the assumption that 
the system operated on a typical Rankine cycle powered by both solar and gas energy. 
Tests for the prototype system was carried out to evaluate its real performance. The 
variation of refrigerant pressures and temperatures, hot water temperatures in the collector 
and boiler systems, as well as chill water temperatures were recorded. The results w+ere 
used to estimate the heat from the boiler and the solar collectors, the electricity and hot 
water generation (indicated as kW energy) from the CUP operation as well as the gas 
consumption of the system. The modelling and experimental results were compared for the 
impulse-reaction turbine system, and a simple analysis of the energy and environmental 
benefits of the system was carried out. 
8.2 Conclusions 
that transport capacities of the selected heat pines 
The maximum heat transport capacity is the index evaluating heat transfer capability of ti 
heat pipe, which is governed by six limits, i. e., the sonic limit, the entrainment limit, the 
boiling limit, the viscous limit, the capillary limit as well as the filled liquid mass limit. For 
the micro/miniature heat pipes investigated, heat transport capacity usually increases with the 
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increase of operation temperature, inclinations and channel cross-sectional area. The liquid 
fill level is recommended at the level of 1/4 to 1/3 of the evaporation length. The 
parallelepiped channel geometry is better in thermal performance than the circular channel 
geometry of the same cross-sectional area. The capillary limit is the dominant limit when 
operation temperature is below 80°C, but the entrainment limit would take the position when 
the temperature increases. For the normal heat pipes, heat transport capacity increases with 
the increase of operation temperature, inclinations and the channel cross-sectional area. The 
liquid fill level is the same as that for the micro/miniature heat pipes. A circular channel 
geometry is better in performance than the rectangular one of the same cross-sectional area. 
A wickless pipe is governed by the entrainment limit, and could achieve a higher level on 
heat transfer than the wicked one of the same cross-sectional area, which is governed by the 
capillary limit. However, since the wicked pipe is better at distributing liquid film evenly on 
the inner surface of the pipe, it would be the favourite choice if the pipe is installed at an 
inclination in relative to the horizontal. 
Operating characteristics of the selected heat nines 
Cross-sectional area: For either a miniature or a normal heat pipe, the liquid cross- 
sectional area increases with height position above the filled liquid level in the evaporation 
section, decreases with the height in the condensation section, and remains the same in the 
adiabatic section. The vapour cross-sectional area varies at an opposite trend. 
Axial and Radial Velocity: For a normal heat pipe, the axial vapour velocity varies in the 
cross section, which is higher in the central area, and lower in the periphery area. The 
variation of the velocity across radial direction is parabolic. Along the height position, the 
axial velocity increases slightly in the evaporation section, remains the same in the 
adiabatic section, and decreases in the condensation section. 
Radial vapour velocity exists in a normal heat pipe. In the evaporation section, radial flow 
velocity is negative and its absolute value decreases gradually from the periphery to the 
centre area, which means an inward flow exists due to a constant injection from the 
interface of liquid/vapour phases. In the adiabatic section, radial flow velocity is zero, 
which means no radial flow exists due to absence of injection/cjection on the interface of 
liquid/vapour phases. In the condensation section, radial velocity becomes positive and its 
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absolute value increases gradually from the central area to the periphery, which means an 
outward flow exists due to a constant ejection on the interface of the liquid/vapour phases, 
Pressures: For a miniature heat pipe, the total vapour-liquid pressure difference is an 
important factor affecting the operation of a heat pipe. The pressure difference is higher at 
the bottom of the evaporator section and this decreases with height position above the fill 
level. Increasing the width `b' of the miniature heat pipe, with the cross-sectional area 
remaining the same, would reduce the flow resistance within the heat pipe, which results in 
reduced pressure differences. 
For a normal heat pipe, the inner wall pressure is higher than the vapour pressure in the 
evaporation section, resulting in liquid vaporization, but lower than the vapour pressure in 
the condensation section, resulting in vapour condensation. The liquid pressure is much 
lower than vapour and inner wall pressures as part of its static pressure is converted into 
velocity pressure, causing flow of the fluid inside the heat pipe. 
Temperatures: For either a miniature or a normal heat pipe, there are very small differences 
among vapour, liquid and wall temperatures, compared to the differences of vapour and 
heat/cool sources and heat conduction/convection mediums. This demonstrates that the heat 
pipes are excellent heat transfer devices, which could operate at an approximately constant 
temperature. The major heat resistances occurs in the heat conduction/convection mediums, 
resulting in remarkable temperature variation over these areas. 
Comparisons between numerical predictions and testing results: The results from tests 
are in good agreement with numerical prediction when the test conditions are close to the 
simulation assumption. Although tests were constrained to temperature, the comparison 
carried out still supports the validity of the numerical model. 
(feat Pipe Solar Collectors 
Efficiencies: For a normal heat pipe solar collector, its performance was usually evaluated 
using efficiency r1, which is defined as the ratio of heat taken from the manifold by cooling 
liquid and incident irradiation striking the collector absorber. However, for the hybrid heat 
pipe solar collector, another efficiency, lit, was also employed for perforniancc evaluation, 
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which is defined as the ratio of heat taken from the manifold by cooling liquid and the sum of 
incident irradiation striking the collector absorber and heat from exhaust gas. Either ti or ill 
vary with the external conditions, e. g., global solar irradiation I,,, ambient temperature t,, as 
well as cooling fluid inlet temperature to and mass flow rate in, which are outlined by a 
general parameter (t,,, ýan-ta)/In. Overall, ri (or ill) decrease with the increase of (tnr. -t. )/1,,. 
'Their relationship could be expressed by second-order equations. 
Top Covers and Manifolds: For either a normal heat pipe collector or a hybrid heat pipe 
collector, the top cover would impose a substantial impact onto collector performance. The 
evacuated cover condition was usually the best, but the 10nun thick thenno-clcar 
polycarbonate cover may be more suitable for this application due to difficulty in creating an 
evacuated chamber in relation to the flat plate structure. Variation of the manifold structure, 
resulting in variations of heat transfer area and heat transfer coefficient, would bring about 
the variation of the collector heat output. Increasing contact area between collector and 
manifold would lead to an increased collector heat output. 
operation Modes: For the hybrid heat pipe solar collector, solar-exhaust flue gas combined 
operation would result in significant increase of the collector efficiency compared to solar. 
only operation. However, this operation would no longer perfonn well if a boiler is brought 
into operation. This is because the boiler increases collector inlet temperature, which results 
in a reduced temperature difference between the absorber and condenser, and consequently, a 
reduced heat output. 
Testing and Modelling Results: Laboratory tests were carried out to validate modelling 
predictions and experimentally evaluate the collector performance. The test results were 
compared with the theoretical predictions, and it was found that the distinct differences 
existed between the theoretical and test values. For the thin membrane heat pipe solar 
collector, testing efficiencies were lower than the modelling predictions for the evacuated 
case, and higher than those for the case of the single glass cover with un-evacuated 
chamber. The reason is that the chamber was filled with an inert gas, argon, after being 
evacuated, resulting in a higher heat loss than the unevacuated case and a lower one than 
the evacuated case, but this was not taken into account in the model. For the hybrid heat 
pipe solar collector working at different operation modes, testing efficiencies were 10"x, to 
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20% less than the theoretical predictions. The reasons for this are mainly due to the several 
factors, including edge heat loss, unsatisfactory insulation, heat storage of the collector 
body itself and the simplified assumptions made in modelling setting-up. To cnable the 
model to predict collector performance at a reasonable accuracy, a correlation factor was 
determined and brought into applications. 
ficro Steam Turbine 
Water is the best of the four working fluids investigated, including n"pcntane, methanol. 
R141b and water, as it could produce a given electricity output at a lower mass flow rate 
and smaller flow area. Water is also found to be the only fluid that allowed a 6kW 
electricity to be produced for this application. However, If only 1.5kW electricity output 
were required, n-pentane, methanol, R141b and water would all be suitable working fluids. 
The higher the inlet pressure, the lower the mass flow rate and the smaller the rcquircd flow 
area if the electricity output and outlet pressure remain constant. 
The results of CFD simulation and testing show good agreement. This indicates that CID 
could be used as an effective tool for optimizing turbine geometry and dctcnuining 
operating conditions. 
Hybrid Heat Pipe Solar Collector/CHP System 
Modelling and Experimental Results: Experiemental results are far away from the 
theoretical predictions. The major reasons are that the real thermodynamic process was not 
a typical Rankine cycle, which caused an incomplete condensation in the condensers, and 
hence, a remarkably lower heat output. As a result, the heat input and energy consumption 
were reduced compared to an ideal Rankine cycle system. In addition, irreversibility 
existed in turbine, evaporation and condensation operations also contributed to energy 
losses, which increased this discrepancy as well. 
System Performance: It was found that the turbo-alternator was too small for this system 
and affected its power output significantly. Work was therefore focused on the system 
using the micro impulse-reaction turbine. Testing showed that the majority of the heat 
required for impulse-reaction turbine operation came from the boiler (7.65kW), and very 
little (0.23kW) from the solar collector. The gas consumption was 8.5kW. Operation 
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resulted in an electricity output and domestic hot water generation of 1.34kW and 3.66kW, 
respectively. The electrical efficiency was 16% and the thermal efficiency was 43%, 
resulting in an overall efficiency of approximately 59%. This indicates that about 41% of 
the energy input was lost due to the resistances of mechanical movement and fluid flow, as 
well as heat loss due to unsatisfactory insulation of piping and equipment. 
Increasing quantity of the collectors used would result in reduced heat output from the 
boiler. This would help to improve system performance and increase efficiencies. In this 
application, suitable quantity of collectors would be 4 as the flue gas flow rate could only 
provide 4 to 5 such collectors for heat recovery. 
Energy and Environmental Effects: Use of the proposed system would save primary 
energy of approximately 3,150kWh per annum compared to conventional electricity and 
heating supply systems, and this would result in reduction of C02 emission of up to 1.5 
tonnes. The running cost of the proposed system would also be lower. These results arc an 
underestimate of the system's practical performance than the theoretical predictions as the 
turbine used was too small to achieve the desired efficiency. The system's performance 
would be improved by employing a more suitable turbine and developing an itnprowd 
collector configuration to allow more efficient utilization of both solar energy and waste 
heat. 
8.3 Further Work 
Although substantial work has been carried out during this research, there are still quite it 
few opportunities to develop this project in order to improve the system's pcrfon nance 
further. These may be indicated as follows: 
, stem confcRuration 
It was noticed that although the incomplete condensation led to a reduced heat output, it 
allowed the heat input to be reduced as well. As a result, the electricity, heat and overall 
efficiencies were increased compared to the completely condensed situation. This may be 
desirable at the situations where no much heat output was required. The reduced heat input 
may bring about another system consideration. In the system, a solar/exhaust gas collector. 
instead of the collector and boiler, may be used to produce refrigerant vapour. The turbine 
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may be driven by the vapour directly, rather than a vaporised second fluid generated via an 
additional heat exchanger. The condensation for the discharged vapour fron the turbine 
could be carried out in a tiny heat exchanger, as an incomplete condensation occurs there 
and very little heat is extracted. Thus a more compact CUP device entirely driven by solar 
energy and waste heat would be produced. 
flyhrid solar/gas collector 
To develop the system, an 8kW heat capacity solar/exhaust gas collector capable of 
producing high pressure vapour (4-5bar) is required in order to operate the tutbine. The 
collector may have the following features: 
"A higher operation temperature, above 100°C, and a higher heat efficiency, 80% or 
more, are achievable. These could be realised by using following techniques, e. g.. 
employing a thermo-clear top cover, creating an evacuated chamber, increasing solar 
flux to the absorber area, as well as enhancing heat transfer bctwccn flue gas and 
collector absorber. However, to ensure these techniques work with the system, a 
careful design would be necessary. 
"A compact, light weight structure is desirable to allow it to be installed on the roof of a 
residential building, 
0A concept to integrate the device into part of building structures, such as roof or 
chimney, is the highest priority. 
Micro turbine 
Another issue may be development of a suitable turbine configuration. A 0.25kW tutbo- 
alternator has been tested, further work should aim to develop a large-scale protot}pe, 
which allows a 1.5kW electricity to be produced, in order to meet requirement of the novel 
System. 
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Heat transport capacity of the various heat pipes 
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Figure A-1. Variation of heat transport capacity with operating temperature. 
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Figure A-2. Variation of heat transport capacity with inclination. 
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Figure A-3. Variation of heat transport capacity with dlameter- 
Circular/wickless heat pipe 
Circular/wicked heat pipes 
(length of evaporation section: 1.7m; adiabatic senction: 0.07m; condensation scction: 0.2m) 
400 
350 
300 
13 250 
m 
a 
200 
1r 
0 150 
N 
C 
100 
50 
0 
Diameter: 7mm; 
Liquid fill level: 0.425m; 
Inclination: 30deg 
40 80 120 
Operating temperature, °C 
160 
Figure A-4. Variation of heat transport capacity with operating tcmpcrature- 
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Figure A-S. Variation of heat transport capacity with Inclination. 
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Figure A-6. Variation of heat transport capacity with diameter. 
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Figure A-7. Variation of heat transport capacity with operating temperature. 
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Figure A-8. Variation of heat transport capacity with Inclination. 
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Figure A-9. Variation of heat transport capacity with width of the heat pipe- 
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Figure A-10. Variation of heat transport capacity with operating temperature. 
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Figure A. M. Variation of heat transport capacity with operating Inclination. 
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Figure A-12. Variation of heat transport capacity with width of the heat pipe. 
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